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 The abundance of low grade waste heat presents an opportunity to recover typically unused 
heat energy and improve system efficiencies in a number of different applications. This work 
examines the technoeconomic performance of a turbo-compression cooling system designed to 
recover ultra-low grade (≤ 100°C) waste heat from engine coolant in large marine diesel engine-
generator sets. In addition, five different working fluids (R134a, R152a, R245fa, R1234ze(E), and 
R600a) were studied for this application to better understand the effects of fluid properties on 
technical and economic system performance. A coupled thermodynamic, heat exchanger, and 
economic model was developed to calculate the payback period of the turbo-compression cooling 
system. Then, the payback period was minimized by optimizing the surface area of the heat 
exchangers by varying the effectiveness of the heat exchangers. The sensitivity of the payback 
period to the heat exchanger effectiveness values was quantified to inform future design 
considerations. The turbo-compression cooling system with R152a had the lowest payback period 
of 1.67 years and an initial investment of $181,846. The R1234ze(E) system had the highest 
cooling capacity of 837 kW and the highest overall COP of 0.415. The R152a system provided 
cooling for $0.0060 per kWh which was nearly 10 times cheaper than the cost of cooling provided 
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1.1. Motivation for Waste Heat Recovery 
 The population on Earth is expected to grow from 7.4 billion to 9.5 billion in the next thirty 
years, which is going to increase the demand for energy, food, and other commodities [1]. As a 
result of population and economic growth, the global energy demand is expected to increase about 
30%, from approximately 588 quadrillion British Thermal Units (quads) to 775 quads [2].  The 
increasing energy demand compels us to find new ways to improve the efficiency of energy 
conversion processes. In 2016, 80% of all energy was produced with nonrenewable resources 
including coal, petroleum, and natural gas [3]. The negative implications of using fossil fuels to 
produce energy are well-documented, including low thermal efficiency (~30%) and environmental 
impacts. 
 
Figure 1-1: Energy flow diagram for United States energy consumption in 2016 [5].  
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 Energy production with fossil fuels is highly inefficient due to thermodynamic limitations, 
about 2/3 of the energy input is rejected as waste heat [4]. In the United States, approximately 97 
quads were consumed in 2016 to produce 31 quads of useful energy with 66 quads rejected as 
wasted energy. Figure 1-1 provides a breakdown of the processes and systems where the energy 
is consumed [5]. Waste energy is primarily released as heat, such as in cooling fluid for engines, 
hot exhaust gases from boilers, furnaces, and gas turbines, and heat losses through the walls of 
kilns and furnaces. Utilizing the wasted energy can improve the efficiency of these processes as 
evidenced by the inception of natural gas combined cycle (NGCC) power plants. NGCC power 
plants offer thermal efficiencies that are significantly higher than traditional coal fired power plants 
by using gas turbine exhaust to drive a bottoming steam Rankine cycle. In addition, many cement 
and metal processing plants have incorporated waste heat recovery devices to improve efficiency 
and decrease fuel consumption.  
 In addition to poor efficiency, using fossil fuels to produce energy has a significant impact 
on the environment. Releasing waste heat to the environment can cause imbalances in delicate 
ecosystems. Further, burning fossil fuels releases greenhouse gases (GHGs) which have 
contributed to warming of the Earth’s climate. Some of the more devastating climate impacts 
include rising ocean levels, melting Arctic and Antarctic sea ice, increasingly frequent extreme 
weather events, and extinctions of certain species of animals [6]. Improving the efficiency of power 
generating processes will reduce overall fuel consumption and help to reduce GHG emissions. 
There is also an economic benefit to improving the efficiency of power generating systems. In 
addition to the obvious cost savings from consuming less fuel, several nations have imposed a 
‘carbon tax’. The carbon tax adds an additional cost to burning fossils and releasing harmful 
greenhouse gases into the atmosphere [7,8].   
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 An effective way to improve the efficiency of fossil fuel systems is to utilize the two-thirds 
of the energy input that is typically wasted. This waste heat can be utilized in a waste heat recovery 
(WHR) system. Using this waste heat will increase system wide efficiency and thereby reduce fuel 
consumption. Consequently, it will diminish harmful greenhouse gas emissions and reduce 
operating costs through lower fuel expenditures and carbon taxes. The following sections will 
discuss types of waste heat and some common waste heat recovery systems. The primary types of 
waste heat recovery are internal heat recuperation or regeneration or the conversion of waste heat 
into useful mechanical work. The present work focuses on the conversion of waste heat into 
mechanical power. 
1.2. Waste Heat Availability  
 The usefulness of waste heat energy depends on the quantity and quality of the waste heat 
source. The quantity of waste heat is the amount of energy contained in the stream in terms of 
mass flow rate and enthalpy. The quality of the waste heat is determined by the temperature of the 
stream. Waste heat sources are divided into three groups based on their temperatures (quality): less 
than 230ºC is considered low grade, 230ºC to 650ºC is medium grade, while above 650ºC is high 
grade waste heat [9]. An example of low grade waste heat is the cooling fluid from a diesel engine. 
Medium grade waste heat is in the exhaust streams of cement kilns and steam boilers. Many types 
of processing furnaces, including metals and glasses, exhaust streams of high grade waste heat 
[10]. Both aspects of waste heat—quality and quantity—influence how effectively the waste heat 
can be converted into useful mechanical work.  
 The exergy (or availability) of a waste heat source is defined as the maximum amount of 
work that can be extracted based on the heat input and the reservoir temperatures, as shown in 











   
 
  (1.1) 
The maximum amount of work is based on the heat input to system, Q̇, and the temperatures of 
the hot and cold reservoirs in Kelvin. For example, a 90°C (363.15 K) low grade waste heat source 
transferring 2 MW of heat to a heat engine with a heat sink temperature of 32°C (305.15 K) will 
have a maximum work output of 319 kW. At the same conditions, a high grade waste heat source 
at 700°C (873.15 K) will have a maximum work output of 1373 kW. For a fixed heat sink 
temperature, the maximum amount of work that can be extracted will increase with heat source 
temperature.  Thus, low grade waste heat is more difficult to effectively convert to work due to its 
low temperature. As the waste heat stream increases in temperature, a higher fraction of the input 
energy can be converted to work and in a more economically efficient manner. 
 Low grade waste heat is by far the most abundant of the three different types, but it also 
has the lowest availability, from Equation (1.1). It is estimated that there are 30 quads of waste 
heat available per year in the United States under 100ºC [11]. The low temperatures of these 
streams means the waste heat to power systems must have very large heat exchangers, very high 
mass flows, or high heat transfer coefficients because the thermal driving potential between 
streams is lower. These issues produce some problems for waste heat recovery of low grade 
streams because the heat exchangers are typically the most expensive piece of any waste heat 
recovery system. As the heat exchange area gets larger, the overall cost of the system will grow 
along with it. Advanced heat exchanger technology can increase the heat transfer coefficients, but 
come with a hefty price tag. This can lead to expensive systems with long payback periods, which 
is not ideal for implementation. The main goals of current studies are to increase the economic 
viability of low grade waste heat recovery systems using advanced cycles, advanced heat 
exchanger technology, and well-optimized working fluids. 
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 Medium grade waste heat can be useful in several different applications including power 
generation, recuperation, reheats, and in cooling systems. Medium grade waste heat is not plagued 
by the same problems as low and high grade waste heat because the stream does not require 
extremely large heat exchangers or advanced materials to be used effectively. Unfortunately, 
medium grade waste is not as widely available as low or high grade waste heat. 
 High grade waste heat is of the highest quality and contributes a significant quantity of 
total waste heat, making it ideal to utilize. Streams of high grade waste heat can be used to vastly 
improve efficiencies in industrial processes through recuperation of heat energy within cycles and 
utilization of the heat in external cycles. Despite this, the challenges of high grade waste heat are 
numerous. There are challenges with material compatibility and the requirement of secondary heat 
exchangers. The high temperatures (and often highly oxidizing streams) present an environment 
that requires advanced heat transfer materials, which can not only be extremely expensive, but also 
difficult to design and manufacture. There is a significant body of work dedicated to studying high 
temperature alloy heat exchangers and ceramic heat exchangers for use in high temperature 
applications [12–14]. In addition, high grade waste heat often exceeds the decomposition/critical 
temperature of the most common working fluids used in waste heat recovery systems [15,16]. To 
combat this, a system utilizing high grade waste heat requires an intermediate heat exchanger 
where the high grade waste heat stream transfers heat to a thermal oil. Then, the thermal oil will 
exchange heat to the working fluid in another heat exchanger. This intermediate heat exchanger 
will increase the system cost and reduce the thermal efficiency of the system, which can be a 




1.3. Waste Heat Recovery Systems and Applications 
 There are a number of different waste heat recovery systems. Some waste heat recovery 
systems transfer wasted heat to another location in the facility where heat is required. An example 
of this internal heat recovery is using waste heat from the outlet of a cement furnace to preheat the 
air entering a cement kiln. In addition, some waste heat recovery systems utilize waste heat in an 
external process to generate some useful output. The most common useful output is electric power, 
which can be produced from waste heat in a few different cycles. The most common waste heat to 
power system is the Rankine cycle, where waste heat boils a working fluid and then the fluid is 
expanded in a turbine to produce mechanical power. The Rankine cycle can operate with a number 
of working fluids (organic refrigerants, steam, or supercritical CO2) depending on waste heat 
quality. The organic Rankine cycle typically has a heat to electric power efficiency between 15 
and 20% [17–21].  
 Another type of waste heat recovery system uses the wasted heat energy to produce 
cooling, which is called a thermally activated cooling system. There are four primary types of heat 
activated cooling systems: absorption, adsorption, ejector, and organic Rankine-vapor 
compression. However, only absorption systems are commercially available. The adsorption 
system has a number of operational challenges including: low coefficient of performance (0.35), 
batchwise cooling, and very low gravimetric cooling density [22,23,32–37,24–31]. The challenges 
associated with the ejector cycle include low coefficient of performance (0.2 – 0.4) and inefficient 
ejector nozzles [38,39,48–51,40–47]. The literature review will focus solely on the absorption 
system and the organic Rankine-vapor compression cycle. 
 There are a number of applications where waste heat to cooling systems are attractive, 
including manufacturing plants (metals, cements), chemical processing plants, food processing 
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plants (meats, brewing, dairy), and the transportation sector (marine or on-road). The primary 
considerations for waste heat to cooling applications are the presence of waste heat stream and the 
need for co-located cooling. The drivers for implementation are the reduction of expenditures to 
provide cooling, reducing greenhouse gas emissions, and improving energy efficiency. The present 
investigation focuses on the recovery of waste heat from marine vessels to provide useful 
shipboard cooling.   
 As of 2013, the International Maritime Organization (IMO) has enacted more stringent 
regulations regarding the emissions of marine vessels. Large marine ships emit CO2, NOX, SOX, 
and particulate matter (PM), which are harmful in a number of ways to the environment. The two 
key parts of the legally binding IMO regulations are the Energy Efficiency Design Index (EEDI) 
and the Ship Energy Efficiency Management Plan (SEEMP). The EEDI is a measure of the amount 
of CO2 released per capacity mile of the ship, where a lower EEDI represents a more efficient ship. 
The EEDI regulation imposes a maximum value for newly constructed ships in different classes 
based on capacity and type.  Every 5 years, the maximum EEDI will decrease to push maritime 
technology toward energy efficiency. The SEEMP is a methodology developed by the IMO to help 
pre-existing marine vessels improve fuel economy through optimization of operational parameters 
(speed, voyage path, and electric use) and through implementation of new technology. The IMO 
encourages waste heat recovery installations on new and pre-existing ships to improve efficiencies, 
reduce emissions, and reduce fuel consumption [52]. 
 The present work focuses on a waste heat recovery system applied to a large marine diesel 
engine to improve fuel economy and reduce greenhouse gas emissions by replacing traditional 
electrically driven cooling systems. The two main streams of waste heat are the exhaust gas and 
the engine coolant. The exhaust gas is typically high or medium grade waste heat with several 
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contaminants, including SOX and NOX. The presence of these contaminants will cause corrosion 
and fouling which degrades the performance of the heat exchangers [53,54]. The engine 
backpressure from exhaust gas scrubbers and heat exchangers can lower engine efficiency and 
hamper performance. In addition, the high temperature exhaust stream could exceed the critical 
temperature or decomposition temperature of the WHR system working fluid, which can have 
dangerous consequences for system operation. The other waste heat stream, engine coolant, is 
much lower temperature (~90°C) and is in the liquid phase. The low temperature of this stream 
does not exceed the working fluid decomposition temperature or critical point, but it makes 
efficient waste heat recovery to power more difficult, due to the availability. However, the liquid 
phase of this stream has more favorable properties for heat transfer than the exhaust gas, namely 
higher thermal conductivity, density, and specific heat. The favorable heat transfer properties 
contribute to a more cost effective system with a smaller footprint. In addition, introducing extra 
pressure drop on this line does not have a negative impact on engine performance. Thus, engine 
coolant is an ideal waste heat stream for an ultra-efficient waste heat recovery technology.  
 
Figure 1-2: Sankey Energy flow diagram for the HVAC systems on a container ship [55]. 
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 In this work, the technoeconomic viability of implementing an advanced waste heat 
recovery system designed to provide useful cooling on a large marine vessel will be studied. 
Typical marine vessels have two groups of diesel generators onboard: one of the groups provides 
propulsion for the ship, while the other group produces electricity for cooling and auxiliary 
electronics. A Sankey diagram of the energy flows in the HVAC system for a container ship is 
provided in Figure 1-2 [55]. As shown, refrigeration and air conditioning is provided onboard 
marine vessels by electrically driven vapor compression systems, which accounts for about 1/3 of 
the electricity generated by the second group of diesel generators. About 59% of the original input 
energy is rejected as waste energy, existing primarily as heat in the exhaust gas and engine coolant. 
Utilizing waste heat to provide refrigeration or air conditioning will reduce the amount of fuel 
consumed, thereby reducing annual fuel expenditures and greenhouse gas emissions. 
Theoretically, the waste heat could be converted to cooling using any of the heat activated cooling 
systems briefly mentioned above. In practice, the only viable technology currently available in the 
marine market space is the absorption system. Although the technology is mature, the absorption 
system is not currently used onboard marine diesel ships to provide cooling from waste heat 
because it has a large footprint, reliability issues, and significant operational challenges. The 
system examined in this study is an advanced design of organic Rankine-vapor compression 
refrigeration system that overcomes many of the challenges associated with absorption 
refrigeration while achieving similar performance metrics. The details of the system will be 
provided in the literature review. 
1.4. Research Objectives 
 The goal of this work was to simulate a new type of thermally driven cooling system 
implemented on a large marine diesel engine. The system is ideally suited to be integrated into a 
10 
 
marine vessel because it is a combination of well-known and understood technologies and does 
not have the same operational inefficiencies and challenges as other heat activated cooling 
systems. The present work simulated a turbo-compression cooling system that was driven by 90°C 
engine coolant, rejected heat to 32°C seawater, and provided cooling to a water stream from 12°C 
to 7°C. Detailed plate and frame heat exchanger models were integrated into the thermodynamic 
modeling block of code to accurately calculate heat transfer coefficients, pressure drops, and size 
of the heat exchangers. Finally, an economic model that accounted for the cost of the major pieces 
of equipment was coupled to the thermodynamic and heat exchanger model to better understand 
how technical performance is related to economic performance. The whole system code was 
optimized to minimize the payback period by varying the heat exchanger sizes. Five different 
working fluids were examined in this study to quantify the effects of fluid properties on 
technoeconomic performance.  
1.5. Thesis Organization 
 The following chapters detail a technoeconomic study of a turbo-compression cooling 
system driven by waste heat to provide chilling for large marine vessels. Chapter 2 of the document 
will provide a literature review of the available studies on thermally activated cooling systems 
regarding their performance and economics. The literature review will go into specific detail about 
absorption, adsorption, ejector, and organic Rankine-vapor compression cycles. Chapter 3 will 
thoroughly examine the modeling approach of this work and provide a representative calculation 
for the payback period of the system with R134a as the working fluid. Chapter 4 will present the 
results of the optimization routine to minimize payback period of the turbo-compression cooling 
system using five different working fluids.  The final chapter will provide closing remarks and 
offer recommendations for future work.  
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 The present study will focus on the recovery of energy from low grade waste heat streams 
to produce useful cooling in a thermally activated cooling system. Thermally activated cooling 
systems use heat energy to produce a useful cooling effect.  There are four main types of thermally 
activated cooling systems: absorption, adsorption, ejector, and organic Rankine-vapor 
compression cycles. Each of these systems has its own working principles, which will be briefly 
described. In addition, some characteristics of each system will be provided. After the overview, 
a survey of the available literature will be provided to give context to the current study.  
 All of the heat activated cooling systems have a few components in common: evaporators, 
condensers, and heat exchangers that transfer heat to the working fluid from the external stream of 
heat. The external stream is defined as the fluid that is not strictly contained in the cooling system. 
The cooling effect is generated in the evaporator, where the working fluid boils to draw heat from 
the external steam. Heat is rejected to some external stream, air or water, in the condensers. The 
primary performance metric to compare systems in the following literature review will be the 
coefficient of performance (COP), which is a ratio of the cooling duty to the input heat. The COP 







   (2.1) 
where Qchill is the amount of cooling provided by the system and Qheat is the amount of heat input 
to the system. The operating conditions of heat activated cooling systems have a significant impact 
on the refrigeration COP. In general, COP improvements can be realized by decreasing the heat 
sink temperature and increasing the evaporator temperature. In some cases, increasing the heat 
source temperature can improve the COP. 
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 The primary technoeconomic metrics used in this work are the payback period and the 
specific cost. When using waste heat to provide cooling, the payback period can be quantified in 





  (2.2) 
In the case of shipboard cooling, heat activated cooling systems reduce the amount of fuel 
consumed by producing cooling from waste heat, instead of electricity. The payback period is 
strongly dependent on the cost of energy (fuel, electricity, etc.) and the total system cost. In places 
where electricity or fuel is expensive, thermally activated cooling systems can be an attractive 
option for reducing energy consumption. Different thermally activated cooling systems can be 






   (2.3) 
A high specific cost implies that each unit of cooling is more expensive for that system.  
 In the sections below, a review is provided on the relevant literature on technical and 
economic studies for two major thermally activated cooling systems: absorption and organic 
Rankine vapor-compression. After the review of the literature, the primary gaps in the research 
will be identified to provide better context for the present work. Informed by the gaps in the 
literature, the specific aims of this study will be presented.  
2.1. Absorption Refrigeration Technology 
 A process flow diagram of the absorption system is provided in Figure 2-1 [56]. In the 
absorption refrigeration system, a volatile liquid, serving as the working fluid, evaporates and 
provides the desired cooling (points 9 to 10). After the working fluid is in the gas phase, it is 
absorbed by another liquid (the absorbent), which must be less volatile, in the absorbing heat 
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exchanger (10 to 1). Then, the mixture is pumped to a higher pressure (1 to 2) and exchanges heat 
with the strong absorbent solution in the solution heat exchanger (2 to 3). The high pressure 
mixture of working fluid and absorbent is heated from the available heat source to evaporate the 
working fluid, separating the working fluid and absorbent (3 to 7). The strong absorbent solution 
leaves the generator and passes through the solution heat exchanger on its way back to the absorber 
(4 to 5). After leaving the generator, the high temperature and pressure gas phase working fluid 
passes through a condenser to bring it back to the liquid phase (7 to 8). Then, the liquid working 
 




fluid is throttled in an expansion valve to greatly reduce its temperature and pressure (8 to 9). After 
this, it can evaporate again and provide the desired cooling effect to complete the cycle. Similar to 
vapor compression refrigeration systems, the condensation process takes place on the high pressure 
side of the process. The most common working fluid pairs for absorption systems are LiBr-water 
and Ammonia-water. In the first type, water is the working fluid and gets absorbed by a LiBr 
solution. The second type uses ammonia as the working fluid, which gets absorbed into water. 
Figure 2-2 shows an image, from Thermax, of a steam driven LiBr-water absorption unit [57].  
 Single effect LiBr-water absorption systems driven by low grade waste heat can have a 
relatively high Coefficient of Performance (COP) compared to other thermally activated cooling 
systems, up to 0.6 [58–65]. The COP of the absorption refrigerator depends greatly on the 
operating conditions and ambient conditions. One of the drawbacks for a LiBr-water absorption 
refrigerator is a phenomenon called crystallization where a high heat sink temperature can cause 
the salt to precipitate out of solution [66,67]. Crystallization can completely stop the performance 
 
Figure 2-2: Steam-driven Thermax ProChill 
LiBr-H2O absorption chiller [57].  
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of the machine making it unable to provide the desired cooling for hours or even up to days. The 
system must be heated and cooled down cyclically while maintaining the proper chemical balance 
to break up and eventually dissolve the crystallized salts in the heat exchangers. Further, these 
systems must operate at sub atmospheric pressures to facilitate the boiling and condensing of 
water, which can present operational challenges. On the other hand, ammonia-water absorption 
systems can provide chilling at temperatures down to -55°C because the freezing point of ammonia 
is much lower than water [63]. These systems operate at standard pressures, but contain a 
significant amount of ammonia which is a highly toxic fluid.  
 The relevant literature regarding thermodynamic performance characteristics of the 
absorption chiller will be described first followed by technoeconomic studies performed on the 
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absorption refrigeration system. A summary of the operating conditions for each of the technology 
studies is provided in Table 2-1.  
2.1.1. Review of technology research 
 There are a number of research examinations and case studies that describe the 
thermodynamic performance of absorption chillers. The two most common absorption chillers use 
lithium bromide-water or ammonia-water as working fluid pairs. The important results from the 
studies will be summarized and trends across the studies will be identified.  
 Al-Tahaineh et. al. performed an exergetic analysis on a small scale (1 kW and 10 kW) 
single effect LiBr-water absorption refrigeration system [58]. The effects of generator temperature 
on the energetic and exergetic performance were examined. For the 10 kW system, a maximum 
COP of 0.79 at generator temperature of 90°C and an evaporator temperature of 5°C was found. 
Regarding exergetic performance, the amount of exergy destroyed increased with higher generator 
temperatures with the greatest exergy destruction occurring in the generator and the evaporator.  
Optimizing the design of these heat exchangers is essential to minimize exergy loss, which would 
improve the performance of the refrigeration system. The study does not offer any specific details 
on how to improve exergetic performance of the heat exchangers. However, this will be a common 
finding throughout this literature review: the design of the heat exchangers is the most important 
factor in overall system performance and system cost. 
 Another study investigated strictly thermodynamic performance of the absorption chiller 
was performed by Ge et. al.  [63].The work modeled and experimentally validated performance 
for a gas fired ammonia-water absorption chiller operating over a range of conditions, including 
heat source input, chilled water temperature, and ambient temperature. The gas fired absorption 
unit used to validate the mathematical model had a 12 kW capacity at 35°C ambient air temperature 
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for a chilled water temperature of -5°C. The temperature of the ammonia-water solution at the 
outlet of the generator was 120°C in all cases. There was good agreement between the simulation 
results and experimental data for high and low side pressures, cooling capacity, and COP. The 
performance of the absorption chiller was simulated over a range of ambient air temperatures, 
chilled water temperatures, and heat inputs. Increasing the heat input decreased the COP of the 
absorption unit because the refrigerant mass flow rate increases, while the concentration of 
refrigerant is reduced in both the strong and weak solutions. The reduction in concentration drives 
the temperature of the chilled stream down and thus reduces the COP. If the chilled water stream 
was kept at a constant temperature, it seems likely that the COP would be either unchanged or 
increased. As a trend, increasing the chilled water temperature and decreasing the ambient air 
condenser temperature improved the performance (COP and cooling capacity) of the absorption 
chiller simulations. This trend is the norm for all heat activated cooling systems: the performance 
is heavily dependent on the operating conditions.  
 De Vega et. al. took the previous analyses one step further by incorporating heat exchanger 
models into the thermodynamic study [68]. The work modeled and experimentally examined the 
performance of a single effect LiBr-water absorption with plate heat exchangers and heat source 
temperature ranging from 75°C to 115°C. A thermodynamic model of the system was integrated 
with plate heat exchanger models for the generator, condenser, and the heat recovery unit. The 
plate heat exchangers used in the study were commercially available with grooved and corrugated 
surfaces and a 60 degree chevron angle with a plate spacing of 3.0 mm. The evaporator temperature 
had a more pronounced effect on the COP compared to the heat source temperature. At a heat 
source temperature of 100°C, evaporator temperature of 5°C, and condensing water temperature 
of 30°C, a COP of 0.72 was experimentally determined. Correlations were used from the literature 
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to calculate single phase and two-phase heat transfer coefficients in the plate heat exchangers and 
were validated from experimental data. At increasing heat source temperatures, there was higher 
wall superheat and increased bubble generation in the generator, which improved heat transfer 
performance. The pressure drop through the heat exchangers was not modeled. This study is 
important because it integrates a compact heat exchanger model with the thermodynamic 
performance model.  
 Another study that integrated heat exchanger models with thermodynamic performance 
was performed by Le Lostec et. al. [64,69] The thermodynamic and heat transfer performance of 
a single effect ammonia-water absorption refrigeration system was simulated and validated against 
a commercially available absorption chiller. Mass transfer effects in the absorber were taken into 
consideration, as well as the condensation heat transfer of binary vapor in the condenser. Off-
design performance was characterized. The absorption unit used shell and tube heat exchangers 
for the evaporator and absorber and plate heat exchangers for the generator, condenser, and 
solution heat exchanger. Similar to Ge et. al., this study found that the COP and cooling capacity 
improves by increasing the chilling circuit temperature. In addition, increasing the heat source 
temperature from 60°C to 95°C increased the cooling capacity from 7.5 kW to 12.5 kW, but 
decreased the COP from 0.65 to 0.58. The COP declines at high temperature heat sources because 
more exergy is destroyed due to excessive superheat of the vapor leaving the desorber. The COP 
of this absorption system was high for such a low generator temperature because the temperature 
of the chilled water stream was 19°C while the heat sink temperature was 22°C. The combination 
of high chilling water temperature and low heat sink temperature will improve the COP of the 
system. The flow of refrigerant into the evaporator of the absorption chiller is not regulated by the 
cooling load. When the cooling load of the absorption chiller was lower than the design point, too 
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much refrigerant is sent to the evaporator and the performance will be degraded. The control of 
refrigerant for the absorption chiller should be influenced by the cooling load to maximize 
performance.  
 The above is a brief review of thermodynamic performance studies of absorption 
refrigerators. As this work is focused on waste heat recovery, the literature review will transition 
to typical studies featuring absorption refrigeration systems driven by waste heat from primary 
movers: internal combustion engines and gas turbines. Two studies examining absorption systems 
implemented on marine vessels will be reviewed to provide some context to the present work on 
marine diesel waste heat recovery.  
 Manzela et. al. experimentally examined an ammonia-water absorption refrigeration 
system driven by the exhaust gas of an internal combustion engine [70]. The commercially 
available refrigeration system was integrated directly onto the exhaust manifold of the engine and 
the absorption chiller was designed to cool an internal volume of air. The power output of the 
engine, temperature of the exhaust gas, and flow rate of the exhaust gas were not provided. At max 
throttle, they found the steady state cooling capacity of the absorption refrigerator was about 18.5 
W with a COP of 0.013. The temperature of the chilled air was kept constant at 5°C. The COP in 
this study was over 40 times lower than what others have found. An absorption unit specifically 
designed for exhaust heat recovery would have an improved performance compared to an off-the-
shelf device. No further justification was provided for the extremely low COP of the absorption 
unit. The performance of the absorption unit was also strongly dependent on the engine loading 
condition. When the engine was operating at over 2000 RPM, the heat input to the absorption 
chiller was too great and the temperature of the internal volume of air increased. This represents 
an important design consideration that must not be overlooked: the transient nature of waste heat 
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sources can have an impact on the performance of the heat activated cooling system, as evidenced 
by the work from Manzela et. al. and Le Lostec et. al.  
 Another work that simulated the performance of an ammonia-water absorption chiller 
driven by the exhaust of an internal combustion engine was completed by Keinath et. al. [71]. The 
study simulated a single effect ammonia-water absorption heat pump system driven by diesel 
engine exhaust waste heat. This system could provide heating or cooling depending on its 
operational mode. The system was driven by thermal oil that entered the absorber at 173°C. The 
thermal oil was heated in an intermediate heat exchanger from diesel engine exhaust gas at 398°C. 
The chilled water temperature was 12.8°C and the ambient air temperature was 35°C. During the 
cooling mode, the COP was 0.70 and provided 2.1 kW of cooling. The COP and cooling load 
decrease with increasing ambient air temperature. Although, heat exchanger UA was included as 
a preliminary sizing parameter to better understand capital cost and system footprint, no indication 
heat exchangers design was given. Unfortunately, the results of the UA study were not included. 
It would be interesting to quantify the impact of increasing heat exchanger UA on the 
thermodynamic performance and system cost. While the authors included UA calculations, the 
economic viability of this system is still unknown because no economic modeling was performed.  
 Building from the previous works, Longo et. al. simulated a LiBr-water absorption 
refrigeration system that utilizes waste heat in two different forms from a 1 MW Otto Cycle engine 
[72]. In this analysis, the internal combustion engine had 600 kW of low grade heat available in 
the engine coolant which was used to drive a single effect absorption chiller. In addition, there was 
585 kW of high grade waste heat available in the exhaust of the engine that drove a double effect 
LiBr-water absorption system. The mechanical power of the Otto Cycle engine was used to drive 
a traditional vapor compression refrigeration cycle. The study modeled each heat exchanger in the 
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system. At nominal operating conditions for commercial air conditioning systems, the combined 
COP of the absorption chillers was approximately 0.88. Nominal operating conditions are 32°C 
condensing temperature and 7°C chilled water outlet temperature. The primary energy ratio (PER), 
defined as the ratio of total refrigeration capacity to total thermal energy input to the engine, 
increased from 1.2 to 1.6 after implementation of the waste heat recovery system. The absorption 
chillers provided 1.05 MW of cooling while the vapor compression unit provided 3.1 MW of 
cooling.  The absorption system could only operate with cooling water inlet temperature lower 
than 35°C and chilled water outlet temperature higher than 3°C because the working fluid is water 
in a LiBr-water system.  
 Regarding absorption chillers used for marine waste heat recovery, Palomba et. al. 
simulated a waste heat driven ammonia-water absorption refrigeration system for use onboard a 
fishing vessel to generate cooling [73]. 75% of the electricity production on small fishing vessels 
is used for refrigeration purposes, according to a number of case studies reviewed by Palomba. To 
reduce electricity consumption, an exhaust gas driven absorption system was implemented. The 
exhaust gas heated a thermal oil in an intermediate heat exchanger and the hot thermal oil drove 
the absorption system. When the system operated with 215°C oil and a cooling water temperature 
of 25°C, the COP was 0.55 and the cooling capacity was approximately 15 kW. Although the 
absorption system only utilized about 4% of the waste heat available in the exhaust gas, energy 
consumption was reduced by 4.7 MWh per a year, fuel consumption by 1212 kg per year, and CO2 
emission by 3.15 tons per year. The absorption system provided significant savings, but the cost 
of the system is an unknown and must be examined further to demonstrate viability in this 
application.  From this work, it is obvious that the implementation of absorption chillers can 
significantly reduce energy consumption and emissions onboard marine vessels. 
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 Cao et. al. is another example study of absorption chiller integrated onto a marine vessel. 
This work quantified the fuel economy improvements by implementing a waste heat driven LiBr-
water absorption system for shipboard cooling on a large cargo ship in three different locations: 
Baltimore, Miami, and Abu Dhabi [74]. A transient model of an absorption system was developed 
where the waste heat was recovered from a marine diesel engine. The study assumed that the 
absorption system could completely replace the electrically driven vapor compression chillers 
onboard. The absorption system was driven by hot water produced from the engine exhaust gas 
and cooled using seawater. The cooling system supplied chilled water at 6.7°C. The exhaust gas 
temperature was a function of the engine power ratio and ranged from 240°C to 280°C as the 
power ratio increased. The condenser cooling water temperature ranged from 22°C to 35°C based 
on operating location. As the heat sink temperature increases, the concentration of the strong 
solution will increase and eventually lead to crystallization. The model ensured crystallization 
never occurred by varying the flow rate of the solution. The absorption system had a higher COP 
(0.64 vs. 0.61) in Baltimore than in Abu Dhabi, presumably due to cooler heat sink temperature.  
The absorption system reduced fuel consumption by 68% in Abu Dhabi, 62% in Miami, and 38% 
in Baltimore. The largest fuel consumption reduction was realized in Abu Dhabi because the 
cooling needs are the most extreme of the three cases. The study should be extended to understand 
the economic impact of implementation – i.e., how much money does a 68% reduction in fuel 
consumption save the operators and how long would it take to pay back the absorption system? In 
addition, the cooling requirements for a cargo ship are miniscule compared to the cooling needs 
on a luxury cruise ship. Cooling systems onboard cargo ships represent about 0.11% of the total 
fuel consumption, while cooling systems for cruise ships represents about 13.3% of the total fuel 
consumption [74]. Waste heat driven cooling systems are an attractive option for reducing fuel 
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consumption and greenhouse gas emissions for marine vessels, especially luxury cruise lines. 
There is a significant quantity of waste heat and cooling needs which is an ideal scenario for a 
thermally activated cooling system. This study demonstrates the economic benefits for waste heat 
to cooling technology onboard marine vessels.  
 The most important trends from the above technical studies on the absorption refrigerator 
are summarized here: energetic performance will improve when the condenser temperature is 
decreased or when the evaporator temperature is increased, the typical COP of the single effect 
absorption refrigerator lies in the range of 0.5 to 0.7 (at a generator temperature around 90°C), and 
increasing the heat source temperature will increase the cooling capacity but lower the COP 
because there are more exergetic losses when the temperatures between the heat source and 
working fluid are farther apart. A summary of the above studies is provided in Table 2-1. Marine 
vessels are an application where heat activated cooling systems are particularly attractive because 
fuel is expensive, the amount of waste heat is significant, and the cooling needs are large. The two 
studies on marine vessels demonstrated that significant savings could be realized by recovering 
waste heat to provide cooling.  
2.1.2. Review of technoeconomic research 
 Experimental and simulated performance studies on the absorption chiller are abundant in 
the literature, but technoeconomic analyses are somewhat limited. The most common type of 
analysis is an exergy based optimization where the goal is to minimize the amount of exergy 
destroyed through the cycle. These analyses highlight where the largest amount of exergy 
destruction occurs in system components. In some cases, a monetary value is assigned to the 
exergy flow to quantify the ‘cost’ of exergetic inefficiency.  
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 Bereche et. al. performed a thermoeconomic analysis of a 316 kW LiBr-water absorption 
chiller chosen to provide cooling for a university hospital in Brazil [75]. For a single effect system, 
they examined two cases: direct fired or hot water driven with cogeneration. The highest exergetic 
losses occurred in the evaporating heat exchanger and the throttling valve because both 
components have high irreversibility, again showing the design of the heat exchangers are 
critically important to system performance. Direct fired or hot water driven with cogeneration 
single effect absorption chillers would be suitable for implementation with waste heat sources 
between 80°C and 120°C. A comparison between costs of a traditional vapor compression system 
and the absorption system would be useful to help the hospital understand how the economics of 
these two systems compare.  
 Misra et. al. examined the thermoeconomic performance of a single effect LiBr-water 
absorption system using the structural optimization method [76]. The single effect absorption 
chiller was driven by 100°C steam and chilled a water stream from 20°C to 12°C. The condenser 
cooling water inlet temperature was 30.4°C. The optimization routine sought to minimize the 
operating cost per year by varying the heat exchanger surface area. To minimize the operating cost 
per year, the exergy destruction was minimized, which decreased the total irreversibility in the 
system and increased efficiency, thus requiring less fuel to produce the same amount of cooling. 
Total exergy destruction could be reduced by 47% if the total area of the heat exchangers was 1.55 
times larger. Larger heat exchangers increased the initial investment of the optimized design by 
33% but the extra cost incurred would be paid back in 4 years. The total system capital cost of the 
optimized design was $60,731 with a cooling capacity of 201 kW, which is approximately $301 
per kWth. This study shows that heat exchangers are the most important component to design in a 
heat activated cooling system because they are often the most expensive components. Optimizing 
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the heat exchanger design can have a huge impact on the total cost of the system without sacrificing 
performance. 
 Misra et. al. extended their previous study to a single effect ammonia-water absorption 
system [77]. The absorption system uses 170°C steam to chill water from 20°C to 10°C and rejects 
heat to 27°C cooling water with a total cooling capacity of 100 kW. The goal of this study was to 
minimize the cost of the product (chilled water) by optimizing the generator temperature, the 
isentropic efficiency of the pump, and the effectiveness of the refrigerant and solution heat 
exchangers. The cost of the seven heat exchangers in this system was calculated based on heat 
exchanger area. The pump and motor cost was included in the analysis. The chilled water cost was 
minimized by: increasing the generator temperature from 150°C to 155°C, decreasing the 
isentropic efficiency of the pump from 0.75 to 0.70, increasing the effectiveness of the refrigerant 
heat exchanger from 0.60 to 0.825, and increasing the effectiveness of the solution heat exchanger 
from 0.60 to 0.90. Decreasing the isentropic efficiency of the pump seems counterintuitive, but the 
cost of the pump is directly related to the efficiency, where a decrease in efficiency will cause a 
decrease in cost. The exergetic efficiency of the system was increased by 44.6%, the COP was 
increased by 44.2%, and the cost of the chilled water was decreased by 10.3%. After optimization, 
the total investment cost of the absorption system remained the same, approximately $240,000 
which yields a cost of $2400 per kWth. This study found an extremely high specific cost for the 
system, where most absorption systems lie below $400 per kWth [78]. It is unclear why the cost of 
this system was so much greater than others.  
 Another work that sought to improve the exergetic efficiency of the absorption system was 
performed by Kizilkan et. al. [56]. A thermoeconomic optimization of a 20 kW single effect LiBr-
water absorption system was performed. The operating temperature of each heat exchanger was 
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varied to minimize the capital cost. In this work, the heat transfer coefficient of each heat 
exchanger was assumed to be 500 W m-2 K-1. A simple cost model was applied to each heat 
exchanger to calculate the total cost of the system. The total system cost was $24,526, with the 
evaporator and condenser being the largest heat exchangers (37.1 m2 and 7.2 m2, respectively). 
Minimizing irreversibility does not necessarily lead to the minimum system cost because highly 
efficient heat exchangers are more expensive. This is a subtle, but critically important point: having 
a high COP does not necessarily mean the system is the best choice for an end user. The economics 
must be studied in conjunction with technical performance. The cost of the system was $1226 per 
kWth. The study could be improved by using realistic heat exchanger models. Abbaspour et. al. 
did a very similar study to Kizilkan, but instead  used a genetic algorithm to optimize the single 
effect LiBr-water system and found similar results [79]. The COP increased from 0.451 to 0.787 
after the optimization routine with similar trends as mentioned above (increased generator and 
evaporator temperatures, decreased condensing temperatures). Abbaspour et. al. didn’t include 
component cost models to understand how the capital cost of their system is increased by the 
increased thermodynamic efficiency. Again, it was demonstrated the heat exchanger design is the 
most important factor in technoeconomic performance because they are the most expensive 
components.  
 Boer et. al. performed a similar study to the work from Misra et. al., where the goal was to 
understand the exergy flows in a single effect ammonia-water absorption refrigeration [80]. A 1 
MW chiller was analyzed with the  following assumptions: chilled water temperature drop from 
12°C to 6°C, a condenser temperature lift from 27°C to 32°C, hot water inlet temperature of 90°C, 
and the minimum temperature difference in the heat exchangers was 5°C. A COP of 0.67 was 
found with these conditions as a base case, with the largest exergy destruction occurring in the 
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absorber. Then, a structural analysis was performed to understand how reducing irreversibility in 
a certain component affects overall cycle performance. Increasing the UA of the absorber resulted 
in a coefficient of structural bond (CSB) of 3.29 for the absorber. The CSB represents the system 
wide improvements in efficiency from improving a single component efficiency, due to interaction 
between components. A CSB of 3.29 means that reducing the exergy destruction in the absorber 
by 1 kW will reduce total system exergy destruction by 3.29 kW. Small improvements of the 
absorbing heat exchanger can significantly improve system performance – again showing heat 
exchangers are the critical piece of the design work. The study did not provide any insight into 
physical component cost or payback period.   
 Two works will be provided below that provide more insight into physical component cost 
and payback periods of the absorption chiller. The first, from Lu et. al., performed a 
technoeconomic case study on a waste heat driven single effect absorption chiller with LiBr-water 
as the working fluid pair [81]. The absorption chiller was driven by 200°C waste heat from the 
exhaust stack of an unnamed industrial process, where 200 kW of heat was available. To calculate 
the payback period, the authors compared the cost of providing an equivalent amount of cooling 
with a vapor compression system where electricity was $0.12 per kWh. The authors gathered 
quotes from commercially available absorption refrigeration systems to estimate the initial capital 
cost of their system based on 200 kW of heat recovery. The system could provide about 165 kW 
of cooling, which yields a cost of approximately $354 per kWth. The COP of the absorption system 
was 0.825 which could save up to $23,000 per year with a payback period of approximately 2.54 
years. This study is interesting because it provides a direct comparison between the economic 
performance of a traditional electrically driven chiller and a heat driven chiller. In facilities where 
there is waste heat and a need for cooling, a heat activated cooling system can be economically 
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feasible. The key driver here is having ‘free’ energy. The economics of a direct fired absorption 
unit are not nearly as favorable because of the low COP (~0.6) compared to an electrically driven 
vapor compression chiller (COP ~ 4).  
 Farshi et. al. built on the study from Lu et. al. and included detailed heat exchanger and 
cost models in  a combined ejector and double effect absorption cycle that utilized heat sources at 
temperatures where a single cycle may not operate efficiently [82]. Thermodynamic and 
exergoeconomic performance of the combined cycle was compared to a traditional double effect 
absorption system.  The cycles are heated by steam at 127°C, reject heat to a cooling water stream 
at 29°C, and chill a water stream from 12°C to 7°C. In the combined ejector double effect 
absorption refrigeration system, one stream of water vapor from the high pressure generator is sent 
to the primary nozzle in the ejector. This draws some water vapor from the low pressure generator 
and then the mixed streams are sent to the condenser. For a 300 kW refrigeration load,  the 
combined cycle is more suitable for heat source temperatures from 92°C to 157°C because it has 
a higher COP than the double effect absorption and single effect absorption systems in that range. 
The second part of the study coupled the thermodynamic model to an exergoeconomic model [83]. 
Cost models were applied to the heat exchangers, pump, motor, and the valves in the system. 
Detailed heat exchanger calculations were performed to calculate the total heat exchange area of 
each heat exchanger. The condenser and generators were modeled as horizontal single pass shell 
and tube heat exchangers. Solution heat exchangers were modeled as tube in tube heat exchangers. 
The absorber and evaporator were modeled as a vertical single pass shell and tube heat exchanger. 
Then, a parametric study was performed on the temperatures in the high pressure generator, 
condenser, absorber, and evaporator as well as the effectivenesses of the heat exchangers to 
understand how the total investment cost was influenced by these parameters. Similar performance 
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trends as other thermally activated cooling system were found. Lower total system costs are 
realized when the saturation temperature in the high pressure generator and the evaporator are 
increased. System costs are lowered when the condenser saturation temperature is decreased and 
the effectivenesses of the solution heat exchangers are low. When compared to a traditional double 
effect LiBr-water system, the investment cost of the combined cycle was lower. The cost of the 
combined cycle was $50,120, yielding $167 per kWth, while the cost of the double effect system 
was $61,860 which gives a specific cost of $206 per kWth. This is the most comprehensive study 
available in the literature because it provides a high-fidelity examination into technoeconomic 
performance of the absorption chiller, including integration of heat exchanger models into full 
system performance.  
 There are a number of studies investigating the exergoeconomic performance of absorption 
cycles, but each study lacks an important consideration. Almost all of the studies perform detailed 
thermodynamic cycle modeling. Some of the studies integrate the thermodynamic cycle models 
with heat exchanger models. The studies that integrate thermodynamic cycle models and heat 
exchanger models typically use highly simplified heat exchanger models that have potential to be 
inaccurate. This is a problem in the literature because heat exchangers are the most expensive 
component and have the largest impact on the system performance. Significant work must go into 
heat exchanger design to optimize technoeconomic performance. The two studies from Farshi et. 
al. are the only works that integrate thermodynamic, heat exchanger, and high fidelity economic 
models to perform a comprehensive technoeconomic study and truly understand the economics of 




2.2. Organic Rankine-Vapor Compression Refrigeration  
 The organic Rankine-vapor compression cycle (ORVC) uses waste heat to drive a turbine 
that provides power to a compressor which runs a vapor compression system. A process flow 
diagram of the ORVC is shown in Figure 2-3.  The turbine and compressor can be mechanically 
or electrically coupled. The simple organic Rankine cycle utilizes waste heat to boil an organic 
working fluid in a boiling heat exchanger. After this, the vaporized working fluid is expanded 
through a turbine that provides power to the compressor. Then, the working fluid is cooled to a 
liquid phase in a condensing heat exchanger. The liquid working fluid is pumped to a higher 
pressure and sent to the boiler, which completes the cycle. On the simple vapor compression cycle, 
a liquid refrigerant is evaporated in a chilling heat exchanger to provide the desired cooling. The 
vaporized working fluid is brought to a higher pressure through the compressor and then cooled 
until it becomes a subcooled liquid in the condensing heat exchanger. The liquid working fluid is 
 
Figure 2-3: Process flow diagram of the simple organic Rankine-vapor 
compression cycle for heat activated cooling. 
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sent through an expansion valve where its pressure and temperature is greatly decreased. Then, the 
working fluid returns to the chiller to complete the cycle. The typical ORVC system uses the same 
working fluid on the organic Rankine cycle (power cycle) and the vapor compression cycle 
(cooling cycle). In addition, the power and cooling cycles often share a single condenser to reduce 
overall heat exchanger footprint. The efficiency of the turbine and compressor are critically 
important to the overall COP of these systems. The COP of these systems are generally around 
0.6, comparable to the absorption refrigeration system. The COP of the ORVC can be improved 
by incorporating recuperative heat exchangers on the power and cooling cycles. The following 
section will provide a review of the technology research on combined ORVCs. After that, the next 
section survey the literature regarding technoeconomic performance of ORVCs and two ORCs 
specifically for marine diesel waste heat recovery. 
2.2.1. Review of technology research 
 The important studies regarding working fluid selection and advanced cycle configurations 
for the ORVC will be reviewed here. The choice of working fluid is essential for efficient 
conversion of heat into useful cooling in the ORVC. Additional components can be incorporated 
into the ORVC to improve thermodynamic performance.  These two facets of current technology 
research into ORVCs will be explored here. Unfortunately, there is not as much research available 
on the ORVC as there is on the absorption, adsorption, or ejector cycles.  
 Kim and Blanco analyzed a combined ORVC that utilized the same working fluid on both 
sides for cooling and electricity production [84]. The organic Rankine cycle had a recuperator and 
both cycles shared a single condenser. The ORC was driven by 150°C hot air at a flow rate of 1 
kg s-1. Eight different working fluids were examined, including ammonia, R134a, and butane. The 
condensing water temperature was 25°C and the evaporator saturation temperature was set to 5°C. 
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A parametric study of the cycle performance using the turbine inlet pressure, turbine inlet 
temperature, and the flow division ratio was completed. The flow division ratio is defined as the 
mass flow through the organic Rankine cycle divided by the mass flow through the condenser (or 
the total mass flow). Using this parameter, the system could produce cooling, power, or a 
combination of both. To produce only electricity, the flow division ratio was set to unity so all of 
the fluid was contained in the ORC and thus no fluid went through the vapor compression cycle. 
Any flow division ratio less than unity would produce cooling and power. There exists a critical 
flow division ratio where all of the power produced from the organic Rankine cycle is used by the 
compressor on the cooling cycle and there is no net power output. Refrigerants with high critical 
temperatures had the highest refrigeration capacity when the turbine pressure was low. For 
example, butane had a refrigeration capacity of 140 kW when the turbine inlet pressure was 14 
bar, while R134a had a refrigeration capacity of 75 kW. Refrigerants with low critical temperatures 
have higher refrigeration capacity when the turbine inlet pressure is higher. At 26 bar, butane had 
a refrigeration capacity of about 70 kW while R134a had a capacity of 150 kW. All working fluids 
saw improvements in thermal efficiency as turbine inlet pressure increased. Thermal efficiency 
was defined as the sum of net power output and refrigeration capacity divided by the heat input. 
As the flow division ratio increases from the critical value, the refrigeration capacity decreases and 
the net power increases. At all turbine inlet pressures, butane, isobutane, and propane had the 
highest overall thermal efficiencies and the smallest total number of transfer units (NTUs) for the 
heat exchangers. Low NTU values imply the heat exchangers are smaller. For isobutane, the ideal 
turbine inlet temperature was 102°C to maximize cooling capacity. The net power output saw a 
similar trend where the maximum power output was achieved with a flow division ratio of 1.0 and 
a turbine inlet temperature of 102°C. At this point with isobutane, the power output was 30 kW. 
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Increasing turbine inlet temperature and pressure decreased the total number of transfer units for 
the heat exchangers in the system, denoting smaller and cheaper devices. Barring any practical 
flammability concerns, natural hydrocarbon refrigerants are the best choice for this ORVC due to 
their high thermal efficiencies and small heat exchanger sizes.  
 Li et. al. expanded on the work from Kim and Blanco to better understand which 
hydrocarbon refrigerants are most suitable for use in an ORVC [85]. In this work, a working fluid 
study of hydrocarbon refrigerants for use in an organic Rankine cycle coupled to a vapor 
compression cycle for low grade waste heat recovery was performed. The turbine and compressor 
are directly coupled, both cycles use the same working fluid, and they share a common condenser. 
The working fluids in this study were R290 (propane), R600 (butane), R600a (isobutane), and 
R1270 (propylene). Two performance metrics were used to characterize the system: overall COP 
and the working fluid mass flow rate per unit of cooling capacity. From the simulations, R600 had 
the highest overall COP through the range of boiler temperatures. At 80°C, the highest COP was 
0.40 for R600 and the lowest COP was 0.32 for R1270. In addition, R600 had the lowest mass 
flow rate per unit of cooling capacity, indicating that this system provided the highest amount of 
cooling with the lowest flow rate. Lower flow rates are desirable to decrease parasitic losses from 
pressure drop and pumping power. The turbine pressure ratio increased while the compressor 
pressure ratio decreased as the boiler and evaporator saturation temperatures increased. Increasing 
the condenser saturation temperature had the opposite effect on the turbine and compressor sizing. 
The turbine pressure ratios for all of the working fluids were within 5% of each other. When the 
boiler temperature was 80°C with R600, the turbine pressure ratio was 2.75 and the compressor 
pressure ratio was 2.1. The largest compression ratio of 2.6 was found with R290 at a boiler 
saturation temperature of 80°C. Similar to the previous work from Kim and Blanco, this study 
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found that hydrocarbon refrigerants are a thermodynamically favorable choice for low temperature 
heat recovery in organic Rankine vapor compression cycles.  
 Another working fluid study that incorporated hydrocarbon refrigerants was completed by 
Bu et. al., where four different working fluids were examined for a solar heat driven organic 
Rankine-vapor compression system, designed for ice production [86]. The boiler on the organic 
Rankine cycle is a parabolic trough solar collector where working fluid is pumped through the 
tubes and vaporized directly by solar energy. The same working fluid is used on both sides and the 
turbine and the compressor are directly coupled. The performance of R600, R600a, R123, and 
R245fa was examined for the ice making system. The evaporator saturation temperature was held 
constant at -5°C while the boiler saturation temperature ranged from 60°C to 160°C and the 
condenser saturation temperature ranged from 35°C to 45°C. The total direct solar radiation value 
used in this study corresponds to a location on the border between the United States and Canada 
or in the southeastern region of China. Similar trends to others mentioned previously in this 
literature review were found: increasing the boiler temperature and decreasing the condenser 
temperature will improve the overall COP of the system. The overall COP of the system for all 
working fluids is within 5% until the boiler temperature reaches 110°C. When the boiler 
temperature was greater than 110°C, the R123 system had a significantly higher COP than the 
other systems and reached a maximum value of 0.65 at 150°C. R600a reached a maximum value 
of 0.45 at 120°C while R245fa and R600 had a maximum COP of 0.50 at 130°C. In terms of the 
turbine and the compressor, the R600 and R600a systems had the most favorable characteristics. 
The specific volume ratio and the size of the turbine was the lowest for these two working fluids. 
In addition, the compressor pressure ratio (CPR) was the lowest and the ratio of vapor compression 
COP to CPR was the highest for R600 and R600a, implying that these systems can get the most 
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cooling for the least amount of compressor work. The R600 had a sub atmospheric pressure at the 
compressor inlet which means air can leak into the system, and poses a practical hazard to 
operation. Thus, R600a is the most viable working fluid for the range of conditions examined in 
this study from a practical and equipment cost perspective. In terms of strictly thermodynamic 
performance, the R123 system had the best overall performance of all the working fluids, but the 
turbomachinery characteristics were not as favorable as the R600a system. The viability of a solar 
heat driven ORVC was demonstrated in this study. The system performance and payback period 
should be examined further to determine if a dry cooled condenser or a wet cooled condenser 
would be more appropriate to reject heat from the ORVC.  
 The previous working fluid studies were performed for strictly subcritical ORVCs, but the 
work from Li et. al. and performs a working fluid study for a transcritical ORVC [87]. The work 
theoretically analyzed an internally recuperated transcritical organic Rankine cycle coupled to a 
vapor compression chiller. The transcritical ORC was driven by waste heat available in flue gas. 
R22, R134a, and R290 were examined for use in the ORVC. The transcritical cycle allows the 
working fluid temperature profile to more closely follow the waste heat temperature profile which 
decreases the irreversibilities in the boiler, improving the system COP.  The power and cooling 
cycles shared the same air coupled condenser, which implies the same working fluid was used on 
both cycles. The turbine on the organic Rankine cycle was connected to a generator and the 
compressor. The system could be run in full refrigeration mode where all of the power output is 
used to drive the compressor, part load mode where some of the turbine power is used to produce 
electricity and some to drive the compressor, or full electrical load where all of the turbine power 
is used to produce electricity. The organic Rankine cycle was driven by 190°C exhaust gas and the 
outlet temperature of the exhaust was set to 100°C with a mass flow rate of 10 kg s-1 which yields 
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a heat input of approximately 980 kW. The saturation temperature in the evaporator was 7°C and 
in the condenser was 60°C. The condenser rejected heat to 35°C ambient air, while the outlet 
temperature of the chilled water was 10°C. In full refrigeration mode with R134a, the system could 
provide approximately 330 kW of cooling that resulted in a COP of 0.34. The total exergy 
destroyed and exergetic efficiency in the system decreased when increasing the condenser 
saturation temperature. The exergetic efficiency decreased because it scales with cooling capacity, 
which decreases sharply as the condenser saturation temperature increases. In this configuration, 
refrigeration power and electrical power are linearly related so that in the part load operation, as 
the refrigeration capacity increases, the electrical power output decreases accordingly. When the 
system was simulated in full electric mode, it was able to produce about 140 kW of electric power 
which yields approximately 13% thermal efficiency for the ORC. When the system was in full 
refrigeration mode, R134a had the highest refrigeration output at 330 kW. This study is interesting 
because the overall system COP was lower than others reviewed above, but the ORC thermal 
efficiency is slightly higher. The recuperated transcritical ORC has a better efficiency than the 
subcritical ORCs in previous studies. Regardless of the COP, the work provides a good theoretical 
base for an experimental investigation into the transcritical ORVC for combined power and 
cooling.  
 As shown above, thermodynamic performance improvements can be realized by choosing 
the correct working fluid to the ORVC based on the operating conditions (driving heat source 
temperature, heat sink temperature). In addition, the choice of working fluid has a significant 
impact on the size, speed, geometry, and pressure ratio of the turbine and compressor. The relevant 




 A study that investigated using advanced positive displacement machinery in the ORVC 
was performed by Wang et. al. [88]. The study theoretically and experimentally investigated the 
performance of a combined organic Rankine cycle and vapor compression cycle that utilized a 
scroll expander and compressor and microchannel heat exchanger technology. The ORVC was 
driven by waste heat from stationary and on road internal combustion engines. The vapor 
compression refrigeration cycle had a nominal cooling capacity of 5 kW. A hot oil loop at 200°C 
was used to simulate the waste heat source on the internally recuperated power cycle. There was a 
direct mechanical coupling between the expander and compressor using a torque sensor, which 
eliminated the mechanical to electrical energy conversion losses. The power cycle used R245fa 
and the cooling cycle used R134a as working fluids. The experimental investigation rejected heat 
to 22°C ambient air in the condensers, while the cooling cycle provided refrigeration to ambient 
air at 22°C. They used plate heat exchangers for the boiler and recuperator, while using 
microchannel heat exchangers for the condensers and chiller.  A maximum cooling capacity of 
4.25 kW was achieved at an overall system COP of 0.47. The expander power output at this point 
was 0.92 kW and the isentropic efficiency of the expander was nominally 80%.   This study 
experimentally showed that the ORVC can operate efficiently with scroll machinery, which offer 
a smaller alternative with lower mass than traditional turbomachinery. High efficiency targets can 
be met more easily with scroll machinery in comparison to traditional rotating machinery.  
 To take the previous analysis one step further, Wang et. al. simulated various different 
configurations for the ORVC to maximize the COP of the system [89]. Three different system 
configurations were examined: a baseline cycle with a recuperator on the power cycle, a cycle that 
adds a subcooler between the condenser and expansion valve on the cooling cycle, and a cycle that 
includes a suction line heat exchanger on the cooling cycle to transfer heat from the subcooler 
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outlet to the evaporator outlet. In all configurations, the power and cooling cycle share a single 






Figure 2-4: The advanced ORVC cycles with (a) subcooler before the expansion 
valve and (b) suction line heat exchanger after the chiller and subcooler [89].  
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temperature was 18°C and the condenser saturation temperature was 67°C. The temperature lift is 
high because the system was designed to reject heat from the condensers to ambient air at 48.9°C 
and cool indoor air at 32°C. In the simulations, R245fa was used in both the power and cooling 
cycles. The cycle with additional subcooler improves the COP of the baseline system from 0.54 to 
0.63, which can reduce overall weight and size of every component because the subcooling heat 
exchanger is approximately 1/8th the size of the condenser. The suction line heat exchanger has a 
smaller effect on the COP, improving from 0.63 to 0.66. Although it did not have a large impact 
on the COP, the suction line heat exchanger is useful because it provides additional superheat at 
the compressor inlet which can help prevent working fluid condensation during the compression. 
Increasing the saturation temperature in the condenser decreased the COP of the system and 
increased the total system weight while increasing the evaporator saturation temperature and the 
isentropic efficiency of the expander will increase the COP and decrease the weight. The isentropic 
efficiency of the expander has the largest impact on system performance and weight. There was 
an optimal high side pressure on the power cycle which maximized COP and minimizes weight, 
at approximately 3200 kPa. The optimum value for the effectiveness of the power cycle 
recuperator was 0.85, where the performance is maximized and the system weight is minimized. 
Concepts for two advanced ORVC systems were also proposed: a system with a second 
recuperator where heat is transferred from the compressor outlet to the stream exiting the power 
cycle pump and a system where two different fluids are used on the power and cooling cycles. The 
second recuperator allows a closer match between heat capacities entering the first recuperator on 
the power cycle which will decrease heat transfer irreversibilities. Using different fluids on the 
power and cooling cycles can maximize the COP by tailoring operating conditions to the specific 
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cycles. The high boiling point of R245fa increased the size of the compressor and chilling heat 
exchanger on the cooling cycle, highlighting an opportunity for potential improvements by using 
different fluids. This study shows that a number of components can be added to the ORVC to 
improve thermodynamic performance. The additional components can also decrease the size and 
weight of the system, improving viability in spaces where footprint is a concern (transportation 
sector, for example).   Another work that sought to characterize the performance of an ORVC 
using positive displacement machines was carried out by Aphornratana and Sriveerakul [90]. This 
study theoretically investigated a recuperated organic Rankine cycle directly coupled to a vapor 
compression chiller for low grade waste heat recovery. In this work, the ORVC uses a free-piston 
expander-compressor unit to link the power and cooling cycles. The free-piston expander-
compressor makes it more suitable for small scale refrigeration because of its high efficiency at 
small sizes. A schematic of this system is shown in Figure 2-5. The unit has two pistons connected 
via a shaft that transfer power from the ORC to the vapor compression cycle. On the organic 
Rankine cycle, the high pressure and temperature working fluid leaving the boiler enters the left 
 
Figure 2-5: Schematic of the small scale organic Rankine-vapor 
compression cycle where the cycles are connected with a Free 
Piston Expander-Compressor [90]. 
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chamber of the device and pushes the piston to the right. The movement of the piston to the right 
compresses the working fluid in the right chamber which provides the necessary driving force for 
the refrigeration cycle. The ORC and vapor compression cycle shared a condenser and used the 
same working fluid. The compressor piston had a fixed cross section of 20 cm2 with a fixed stroke 
length of 15 cm. Then, a parametric study was completed to understand the performance of the 
system based on boiler, condenser, and evaporator saturation temperatures. As the chiller and 
boiler saturation temperatures are increased, the cross sectional area of the expander decreases 
while increasing the condenser saturation temperature has the opposite effect. The cross sectional 
area of the expander decreases when increasing boiler temperature because the density of the 
refrigerant increases with temperature and pressure. The cooling duty was independent of boiler 
temperature because the geometry of the compressor and the properties at the chiller outlet were 
fixed. Increasing boiler temperature, decreasing condenser temperature, and increasing chiller 
temperature improve the COP of the system. When the boiler saturation temperature was 80°C, 
the condenser saturation temperature was 35°C, and the chiller saturation temperature was 5°C, 
the system had a COP of 0.40 with a cooling duty of 0.75 kW. The system could even utilize waste 
heat at temperatures as low as 60°C but the COP decreased to 0.28. This work demonstrates that 
the free piston expander-compressor is a promising technology for small scale, heat driven 
refrigeration.  Further experimental work is needed to confirm the simulation results.  
 Again, the important trends from the ORVC studies are similar to other thermally activated 
cooling systems, as presented above. For small scale refrigeration, positive displacement devices 
(scroll machinery or free piston expander-compressor) are viable options as opposed to traditional 
rotating machinery. The typical COP for the ORVC is around 0.6, comparable to single-effect 
absorption systems. A summary of the above ORVC studies is presented in Table 2-2.  
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2.2.2. Review of technoeconomic research 
 The technoeconomic research on the combined organic Rankine-vapor compression cycles 
is extremely limited. Only two papers studying the technoeconomic performance of an ORVC 
were found and will be presented below. Since there are no studies that describe the 
technoeconomic performance of ORVCs specifically applied to waste heat recovery onboard 
marine vessels, the technoeconomic performance of the two traditional organic Rankine cycles for 
marine diesel waste heat recovery will be presented as well. 
 A study that examined the energetic and economic performance of a novel Vehicle Energy 
System (VES) was performed by Yue et. al. In this work, an organic Rankine cycle and a vapor 
compression refrigeration cycle were integrated onto a turbocharged 176 kW diesel engine [91]. 
The waste heat from the exhaust of the turbocharger vaporized the refrigerant on the ORC. The 
mechanical power from the turbine is used to produce additional electricity in a generator. Some 
of the electricity generated from the ORC is used to drive the compressor on a vapor compression 
refrigeration cycle which provides cabin air conditioning. Cost models were applied to the major 
components in the system including the turbine, heat exchangers, pump, working fluid, piping, 
and liquid holding tank. The generators or the vapor compression system were not included in cost 













- - °C °C °C - kW 
Aphornratana et. al. [90] R134a 80† 35† 5† 0.4 0.75 
Bu et. al. [86] R600a 120 40† -5† 0.45 - 
Kim et. al. [84] R600a 150 25 5† - 140 
Li et. al. [87] R134a 190 35 10 0.34 330 
Li et. al. [85] R600 80† 40† 5† 0.4 - 
Wang et. al.e [88,89] R134a 200 22 22 0.47 4.25 
  Note: The external stream temperatures are provided unless otherwise designated. 
  All studies with experimental component are labeled with e. 
 




modeling. The heat exchangers in this study were plate type for the evaporators and condensers. 
Four different working fluids were examined: n-pentane, R245fa, R134a, and cyclopentane. The 
ambient temperature was 30°C and the outlet temperature of the turbocharger exhaust was set to 
577°C. The cooling duty of the vapor compression cycle was 30 kW. The heat transfer area of the 
boiler was fixed at 10 m2 and the overall heat transfer coefficient of the boiler was set to 0.13 kW 
m-2 K-1. At these conditions, R134a had the best thermodynamic and economic performance, 
achieving a thermal efficiency of 9.7% and a power output of 16.5 kW with R134a. The system 
had an initial investment cost of $7,200 and a payback period of about 4818 operating hours. The 
system reduced fuel consumption because the automobile no longer diverted power from diesel 
engine to drive the vapor compression chiller. The R245fa system had the worst performance and 
yielded a payback period of 5427 hours and a thermal efficiency of 8.4%. The proposed ORVC 
system improved the thermal efficiency of the engine by about 10% in all working fluid cases. As 
is the case for all thermally activated cooling systems, the performance of the system improves 
when the boiler temperature increases, the condenser temperature decreases, and the evaporator 
temperature increases. This study performed a robust TEA for an ORVC specifically designed for 
waste heat recovery which coupled thermodynamic, heat exchanger, and cost models.  
 Another study, from Molés et. al., performed a technoeconomic analysis and working fluid 
study on an ORVC [92]. The working fluid study examined low global warming potential (GWP) 
refrigerants on the power and cooling cycles. On the ORC, the performance with R1233zd(E) and 
R1336mzz(Z) was analyzed, which have a GWP of 1 and 2, respectively, and similar properties to 
R245fa. On the vapor compression system, the thermodynamic performance with R1234yf and 
R1234ze(E) was examined, which have zero GWP and similar properties to R134a. The system 
had a recuperator on the power cycle, a suction line heat exchanger on the cooling cycle, and a 
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cross cycle recuperator. The cross cycle recuperator uses the hot fluid leaving the compressor to 
pre-heat the fluid leaving the pump in the power cycle. System performance was studied by 
sweeping through a range of saturation temperatures in the boiler, condensers, and chiller. Similar 
trends were found regarding overall system performance and saturation temperatures as previous 
studies (to improve performance: raise saturation temperatures in the boiler and chiller, lower 
saturation temperature in the condenser). R1336mzz(Z) had higher ORC efficiency throughout all 
simulations until the power cycle condenser saturation temperature reached 47°C, above which 
R1233zd(E) had higher ORC efficiency. Using R1234ze(E) on the vapor compression side resulted 
in higher temperatures at the compressor outlet which increased the amount of heat transferred 
between cycles and improved the performance of the ORC. The two working fluids on the vapor 
compression cycle had only small differences, but R1234ze(E) had a slightly higher vapor 
compression COP throughout the range of design conditions. The COP ranged from 0.3 to 1.1 for 
the overall cycle. Using R1336mzz(Z) on the ORC had a slightly higher overall COP than 
R1233ze(E). A feasibility study was performed on the economics of implementing the advanced 
configuration for the ORVC. The feasibility study used R1336mzz(Z) and R1234ze(E) on the 
power and cooling cycles, respectively, and assumed a condenser saturation temperature of 27°C, 
boiler saturation temperature of 127°C, and an evaporator saturation temperature of 2°C. The 
system provided cooling for 4000 hours of the year and produced electricity for the other 4000 
hours of the year. It was assumed that the heat source in the feasibility study was freely available 
at no cost, i.e. waste heat. The system had an overall COP of about 0.84 and could provide 100 
kW of cooling or 16.23 kW of electricity. Assuming an energy cost of $0.15 per kWh, the ORVC 
system could save $17,603 per year and have a payback period of 3.2 years. The cost of the system 
was estimated to be $55,644. This study is significant because it shows that reasonable payback 
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periods can be achieved with the ORVC. In addition, it provides some insight into the performance 
of modern low GWP working fluids and shows that certain working fluids have better performance 
at high ambient temperatures.  
 Since the only technoeconomic studies on the ORVC found in the literature were provided 
above, the review will transition to marine diesel waste heat recovery with organic Rankine cycles.  
 Another technoeconomic and working fluid study was performed by Wang et. al.  for an 
organic Rankine cycle designed to recover low grade waste heat available in flue gas from a marine 
diesel engine [93]. In this work, the ambient air temperature was 20°C while the flue gas inlet 
temperature varied from 150°C to 250°C. In addition, the pinch point temperatures in the boiler 
and the condenser were set to be 5°C or greater. Eleven different working fluids were examined 
for the organic Rankine cycle and included isentropic, dry, and wet fluids. Cost models were 
applied for the heat exchangers, pump, turbine, cooling fan, and the generator while setting the 
cost of electricity at a constant value of $0.10 per kWh in the payback period analysis. When the 
flue gas inlet temperature was 150°C, all of the working fluids examined had comparable payback 
periods (around 12 years), but R236fa had the highest power output (90 kW). At this design point, 
isobutane had the next highest power output of nearly 75 kW. When the flue gas inlet temperature 
is raised to 200°C and 250°C, R236fa, R245fa, and R113 are the optimal working fluids in terms 
of payback period and power output. The working fluid that yielded the shortest payback period 
does not necessarily have the highest power output or system thermal efficiency. This is an 
important point that many researchers overlook: sometimes the cost of high efficiency systems is 
not worth the extra investment cost from the perspective of the end user. Most of the research on 
waste heat recovery aims to maximize thermodynamic efficiencies, but lack a detailed analysis of 
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the system economics. In addition, maximizing thermodynamic efficiencies should not be a major 
concern if the heat source is ‘free’. 
 Another work that examined the viability of marine diesel waste heat to power was 
completed by Yang and Yeh [94]. This study performed a thermoeconomic optimization of an 
organic Rankine cycle designed to recover waste heat from a marine diesel engine in the cooling 
jacket and the exhaust gas. The Net Power Output Index (NPI) was used as a metric to gauge the 
thermoeconomic performance of their system. The NPI is the ratio of net power output to the total 
system cost, where a higher NPI denotes more power output per dollar spent on implementation. 
The engine considered in this study was a 6 cylinder WARTSILA marine diesel engine with power 
rated at 34.3 MW. The exhaust gas mass flow rate of this engine is 267,323 kg hr-1 and the cooling 
jacket water volume flow rate was 273 m3 hr-1. The cooling jacket water heats the working fluid 
from a subcooled liquid to a saturated vapor and then the vapor is superheated by the higher 
temperature exhaust gas in a second heat exchanger. The evaporator, superheater, and condenser 
were designed as shell and tube heat exchangers that were subdivided into 20 regions to accurately 
simulate heat exchanger performance. Empirical heat transfer correlations were used to determine 
the overall heat transfer coefficient and the total area of each heat exchanger. Cost models were 
applied to each heat exchanger, the pump, and the turbine to get the total system cost.  The exhaust 
gas inlet temperature was 170°C and the cooling jacket water inlet temperature was 90°C while 
the cooling water inlet temperature was 25°C. The turbine inlet pressure and temperature were 
varied to characterize the thermodynamic and economic performance of the ORC with five 
different working fluids: R152a, R245fa, R600a, R1234yf, and R1234ze. The system with 
R1234yf had the highest net power output and highest total cost at all turbine inlet pressures. As 
the turbine inlet pressure increased, the net power output, thermal efficiency, and total cost 
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increased while the NPI increased and then decreased after it reached a maximum value. Each 
working fluid had nearly the same thermal efficiency throughout the range of turbine inlet 
pressures. The ORC with R1234yf had a highest overall NPI of 0.266 W $-1, which was achieved 
at a turbine inlet pressure of 2 MPa. R245fa had the lowest NPI of 0.245 W $-1. The ORC system 
in this work was compared to a traditional ORC that recovered waste heat only from the engine 
exhaust gas and found that the proposed system improves total thermal efficiency by an additional 
6% compared to the traditional ORC.  The fuel savings were not quantified to calculate a payback 
period of the system. The result from this work is interesting because the highest thermal efficiency 
system yielded the best thermoeconomic performance according to their NPI metric. The NPI 
metric may not be an accurate indicator of practical economic performance because there should 
be a point where further increases in thermodynamic efficiency are too costly to yield a reasonable 
NPI.  
 Building upon their previous study, Yang and Yeh also performed a payback period 
analysis of an ORC driven strictly by exhaust waste heat from a large marine diesel engine [95]. 
R1234ze, R245fa, R600, and R600a were analyzed as working fluids for the ORC. The inlet and 
outlet temperature of the exhaust gas was set to 180°C and 140°C, respectively while the mass 
flow rate was 20 kg s-1. The condensing saturation temperature was set to 35°C and the turbine 
inlet temperature was 110°C. Cost models were applied to each heat exchanger, the pump, and the 
turbine to get a total system cost. For the baseline case, R245fa had the highest NPI at 0.159 W $-
1, while R1234ze had the lowest NPI at 0.151 W $-1 and the highest thermal efficiency at 9.61%. 
Then, two separate optimization routines were performed using the high and low side system 
pressures. The aim of the first optimization was to maximize thermal efficiency. The second 
optimization routine sought to minimize payback period. The system with R1234ze had the highest 
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thermal efficiency of 11.27% when parameters were optimized. The R600 system had the lowest 
thermal efficiency of 11.06% after optimization. When the systems were optimized for a minimum 
payback period, the R245fa system had the lowest payback period of 6.19 years while the R1234ze 
had the longest payback period of 6.52 years. The optimal turbine pressures for the payback period 
minimization were higher than for the thermodynamic optimization. In addition, the ORC system 
can reduce CO2 emissions by 76% per kWh of electricity produced. It is interesting to note that in 
this study the results for working fluids were in disagreement with the previous work from Yang 
and Yeh. When the ORC is strictly driven by exhaust gas, R245fa has the best thermodynamic and 
economic performance. When exhaust gas and jacket water are used, R1234yf had the best 
performance and R245fa had the worst performance. The two studies are useful to understand 
waste heat recovery in the marine diesel sector.  
 As evidenced by the literature provided above, the technoeconomic work on the organic 
Rankine-vapor compression cycle is limited. Very few studies are available that examine the 
interaction between thermodynamic performance and economic performance. There are no studies 
that integrate thermodynamic modeling with heat exchanger modeling and economic modeling to 
get a detailed understanding of the technoeconomic performance of the ORVC. Additionally, there 
are no technoeconomic studies of the ORVC that specifically apply to marine diesel waste heat 
activated cooling. Thus, the present work fills the gap by building detailed models for 
thermodynamic, heat exchanger, and economic performance and applying the modeling platform 
to marine diesel waste heat recovery.  
2.3. Research Needs for Thermally Activated Cooling Systems 
 The above literature review provides a summary of the current state of research into four 
thermally activated cooling systems: absorption, adsorption, ejector, and organic Rankine-vapor 
49 
 
compression. There are a number of challenges associated with each of these systems. In the LiBr-
water absorption system, a high condenser temperature can cause crystallization. During 
crystallization, the LiBr salt precipitates out of solution and solidifies. The solidification of the salt 
impedes system piping and heat exchangers and can completely halt the operation of the machine, 
discontinuing the cooling effect. This phenomenon can be challenging to remedy as it requires 
careful chemical balancing and heat cycling. The ammonia-water absorption system does not have 
this problem, but ammonia is an extreme health risk where leaking must be prevented at all costs. 
The adsorption system has a low COP and has poor heat transfer performance in the adsorption 
bed. This contributes to a very high ratio of system weight to cooling capacity. Further, the 
adsorption system must utilize multiple beds to provide continuous cooling which also compounds 
the high weight challenge and adds more complexity to the operation of the system. The primary 
challenges associated with the ejector refrigeration cycle are the low COP and inefficient operation 
of the ejector nozzles over a range of operating conditions. The nozzle design must be tailored to 
the operating conditions and working fluid to achieve efficient performance. The primary 
challenge with the organic Rankine-vapor compression cycle is the low efficiency of 
turbomachinery at small scales. Besides this, the ORVC can achieve good performance without 
the challenges that plague other heat activated cooling systems. Further, the ORVC has flexibility 
in regards to waste heat temperature, working fluid selection, and operating conditions.  
 Recently, a waste heat recovery system for utilizing low grade waste heat has been 
investigated to improve the viability of dry-air cooling for power plants [96,97]. The system 
examined in this study is a type of organic Rankine-vapor compression cycle, called a turbo-
compression cooling system (TCCS), where a highly efficient centrifugal turbocompressor 
directly couples the organic Rankine power cycle and vapor compression refrigeration cycles. The 
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turbine on the organic Rankine cycle and compressor on the vapor compression refrigeration cycle 
share the same shaft, which transfers power between the two cycles. To maximize the efficiency 
of both the turbine and compressor, different working fluids can be used on each side of the system. 
This increases the complexity of the system because a hermetic seal between the turbine and 
compressor is required. The application of the turbo-compression cooling system will determine 
if the increase in COP is worth the increased system complexity by using different working fluids. 
This system has the opportunity to increase the performance of traditional ORVC systems if the 
techno-economic performance can be evaluated.  
 In general, ORVCs have a much more limited body of work dedicated to understanding 
the thermodynamic performance than the absorption system. The limited amount of studies that 
examine the thermodynamics of the ORVC have been provided above, but none of these studies 
incorporate accurate heat exchanger modeling or economic modeling. Regarding ORVC literature, 
the specific needs for further research are as follows: 
 Incorporate detailed heat exchanger models directly coupled to thermodynamic 
models. This would include specifying types of heat exchanger (shell and tube, 
plate frame, etc.) and using specific correlations from the literature to calculate heat 
transfer coefficients, pressure drops, and heat exchanger area. 
 Incorporate accurate models of turbomachinery to understand how the 
turbomachinery affects system performance, including Cordier analyses to 
calculate size, speed, and efficiency of the machinery.  
 Examine the effects of advanced cycle configurations on the technoeconomic 
performance of the ORVC. For example, answering the questions: Does including 
a power cycle recuperator drive the size of the boiling heat exchanger down? Is the 
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total size of the heat exchangers now smaller or larger by incorporating a 
recuperator? How does this affect total system cost? The answers to these types of 
questions would inform future designers on how best to utilize heat to provide 
useful cooling. 
 Examine the economic performance of the ORVC to understand how the total cost 
of the system is related to the thermodynamic and heat exchanger performance. In 
addition, understanding how the end use application affects technoeconomic 
performance would be helpful. The technoeconomic analysis is essential for 
bringing the ORVC technology out of the research space and into the commercial 
market. 
2.4. Specific Aims of this Study  
 The literature reviews shows there is a need for further investigation regarding the organic 
Rankine-vapor compression heat activated cooling system. The literature contains only one study 
that addresses the relationship between thermodynamic and economic performance of ORVC 
systems. This work aims to fill the gap in the literature with the following three specific aims: 
 Develop a high fidelity thermodynamic, turbomachine, heat exchanger, and cost 
model for a turbo-compression cooling system (TCCS) designed to recover waste 
heat from the cooling jacket water in large marine diesel engines. 
 Optimize the TCCS using the heat exchanger effectiveness as a parameter to find 
the minimum payback period from reducing fuel consumption.  
 Characterize the effects of various working fluids on the technoeconomic 
performance of the system.   
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Completing the three specific aims will provide deeper insight in the technoeconomic performance 
of an organic Rankine cycle directly coupled to a vapor compression cycle with high fidelity heat 
exchanger models included the analysis. At the end of this work, recommendations for future 








 There are a number of research needs on the organic Rankine-vapor compression cycle. 
Thermodynamic models coupled with high fidelity heat exchangers models are sparse in the 
literature. In addition, the analysis of the turbomachinery required for these systems is not 
prevalent in the literature. Further, there are very few studies that incorporate detailed economic 
models to understand the interaction between technical and economic performance of the ORVC. 
 A highly flexible modeling platform was develop to analyze the effects of various waste 
heat scenarios and working fluids on the thermodynamic, heat transfer, and economic 
characteristics of the turbo-compression cooling system. In this work, a single waste heat scenario 
was analyzed with five different working fluids to understand which working fluid had the most 
favorable thermodynamic and economic performance. In addition, a technoeconomic optimization 
was performed for each working fluid to determine the minimum payback period for the turbo-
compression cooling system.  
 This chapter will provide an introduction to the turbo-compression cooling system. Then, 
a brief overview of the modeling approach will be provided before going into the specific details 
of the models developed in this work. 
3.1. Turbo-Compression Cooling System 
 The turbo-compression cooling system is a waste heat recovery system designed to provide 
useful cooling from heat energy that is typically unused. The turbo-compression cooling system is 
comprised of an organic Rankine cycle and a vapor compression cycle that are coupled via a high 
efficiency centrifugal turbocompressor. A process flow diagram of a liquid coupled turbo-
compression cooling system is provided in Figure 3-1.  The organic Rankine cycle, or power cycle, 
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contains a centrifugal turbine, a condensing heat exchanger, a working fluid pump, and a waste 
heat boiler. The waste heat boils the working fluid which is then expanded through the turbine. 
The turbine provides the work to the compressor which drives the vapor compression refrigeration 
cycle. Then, the power cycle fluid is condensed through a condensing heat exchanger and pumped 
to a higher pressure. Finally, the high pressure working fluid is heated in the waste heat boiler and 
the cycle is complete. The vapor compression cycle, or cooling cycle, has a centrifugal compressor, 
a condensing heat exchanger, an expansion/throttle valve, and an evaporating heat exchanger. The 
working fluid is compressed through the centrifugal compressor and then condensed through a 
condensing heat exchanger. Then, the pressure of the fluid is dramatically decreased through a 
throttling valve and it is boiled in an evaporating heat exchanger, which provides the cooling effect. 
After this, the vaporized working fluid is compressed by the centrifugal compressor and the cycle 
is complete.  
 The turbo-compression cooling system has a number of advantages over current state of 
the art technology. The high-efficiency turbocompressor and advanced heat exchanger technology 
allow the system to operate with a high COP. In addition, the power cycle and cooling cycle can 
 
Figure 3-1: Process flow diagram for the waste heat driven turbo-compression cooling 






















be designed with different working fluids to maximize the efficiency of the turbine and compressor 
and thus, the efficiency of the overall cycle. The design of the compact heat exchangers can be 
tailored to the specific waste heat phase and capacity while avoiding material compatibility issues. 
The system is highly flexible: it can be used for low, medium, and high grade waste heat with 
liquid or gas phase waste heat streams. In addition, the system may have a smaller footprint than 
absorption systems and does not use toxic/corrosive working fluids.  A conceptual rendering of a 
liquid coupled turbo-compression cooling system is shown in Figure 3-2 with compact plate and 
frame heat exchangers. The turbocompressor linking the power and cooling cycles is at the center 
of Figure 3-2, while the evaporating heat exchangers are on the front right of the figure. The 
condensers that reject heat from each cycle are on the back of the skid as shown in Figure 3-2. 
Now that the working principles of the turbo-compression cooling system have been described, an 




Figure 3-2: Conceptual solid model 
rendering of a liquid coupled turbo-
compression cooling system with compact 
plate frame heat exchangers. 
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3.2. Overview of Modeling Approach  
  An overview of the modeling approach for the TCCS is given in Figure 3-3. The following 
sections of this chapter will present a detailed examination of each block of modeling. The 
thermodynamic block of modeling will be provided first. The thermodynamic block of the model 
used fundamental equations to calculate the state points at each location of the cycle, the refrigerant 
and external stream mass flow rates, the heat duties of the heat exchangers, and the size and speed 
of the turbo-compressor.  In addition, a discussion on the importance of working fluid selection on 
system performance is provided. Further, a Cordier analysis to calculate the size and speed of the 
turbocompressor is presented. Using the relevant inputs from the thermodynamic model, the heat 
 
Figure 3-3: Block diagram of the modeling 
approach. The thermodynamic, heat 
exchanger, and cost models are coupled to 
perform the technoeconomic analysis and 
payback period optimization. 
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exchanger model used empirical correlations to determine the heat transfer coefficients and 
pressure drop through each region of all the heat exchangers. Then, the overall heat transfer 
coefficient was used to calculate the total heat exchange area of each heat exchanger in the system. 
The cost of each component in the system was calculated using high fidelity cost models. Using 
the amount of cooling provided from the turbo-compression cooling system, the amount of power 
displaced from the traditional electrically driven vapor compression systems was calculated, which 
translates to a reduction in expenditures on fuel.  The total cost of the system was divided by the 
amount of money saved from reducing fuel consumption to calculate the simple payback period. 
Finally, the method of technoeconomic optimization is explained in detail to minimize the payback 
period of the turbo-compression cooling system. The coupled thermodynamic, heat exchanger, and 
economic set of equations was solved simultaneously using Engineering Equation Solver [98].  
3.3. Thermodynamic Modeling 
 A set of fundamental thermodynamic equations was solved to understand the performance 
of the coupled organic Rankine cycle and the vapor compression cycle. The thermodynamic model 
was assumed to operate at steady state. Further, it was assumed that all the piping in the model 
was well-insulated, so there was no heat loss through pipe runs. It was also assumed the throttling 
valve on the vapor compression cycle was isenthalpic, so the enthalpy at the inlet and outlet of the 
valve are the same [99].  
The waste heat stream examined in this study was the engine coolant of diesel engines on 
board large cargo ships. It was assumed that the condensers used seawater to cool and condense 
the working fluid on both the cooling and power cycles. Currently, some of the power produced 
by the diesel engines is routed to vapor compression systems which provide cooling for the ship. 
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The turbo-compression cooling system would replace the vapor compression chillers and use the 
engine coolant to provide the same cooling effect while reducing overall fuel consumption. 
 The constant inputs to the thermodynamic model are shown in Table 3-1. The engine 
coolant inlet temperature (90°C) and mass flow rate (78.5 kg s-1) are typical of large diesel 
generator sets, while the boiler heat duty (2 MW) was a conservative input of how much waste 
heat is available in the engine coolant. The seawater condensing temperature (32°C) was a highly 
conservative estimate based on typical operating locations of cargo ships. Further, the chilled water 
temperature drop (12ºC to 7ºC) is typical for commercial chilled water delivery systems. 
Table 3-1:  Fixed inputs for the current 
study. 






















































 The following sections will introduce and examine in detail the important pieces of the 
thermodynamic analysis, beginning with a discussion on the specifics of the full system model. 
After that, the importance of working fluid selection will be discussed, followed by the details of 
the thermodynamic calculations for each point in the cycles. Following the thermodynamic 
calculations, the Cordier analysis on the turbo-compressor will be presented.  
3.3.1. Full System Model 
 A diagram of the turbo-compression cooling system cycle is provided in Figure 3-4. The 
heat exchangers were divided into sections where each region represents a different working fluid 
phase. The boiler and condenser heat exchangers were divided into three sub sections: superheated, 
two-phase, and subcooled (sh, tp, and sc in Figure 3-4). The chiller (cooling cycle evaporator) was 
divided into two sub sections: two-phase and superheated. The chiller had two regions because the 
fluid is two-phase after exiting the throttling valve. The boiler and condensers were modeled as 
counter flow plate heat exchangers, while the chiller was modeled as a parallel flow plate heat 
exchanger.  
 
Figure 3-4: Cycle diagram of the turbo-compression cooling system with 
the heat exchangers divided into sections, each representing a different 




 Temperature-entropy diagrams of typical organic Rankine and vapor compression cycles 
with R134a as the working fluid are shown in Figure 3-5. On the organic Rankine cycle, or power 
cycle, the waste heat boils a working fluid (2-3 in Figure 3-5b) which is then expanded through a 
high-efficiency centrifugal turbine (3-4). This high-efficiency turbine is mechanically coupled to 
a compressor which runs a vapor compression cycle. After expansion through the turbine, the 
working fluid is condensed in a condensing heat exchanger (4-1) and then pumped to a higher 
pressure (1-2). From there, the working fluid passes through the boiler and the cycle is complete. 
On the vapor compression cycle, or cooling cycle, the working fluid is compressed to a high 
pressure (1-2 in Figure 3-5a) and then condensed through a condensing heat exchanger (2-3). The 
liquid working fluid is passed through an expansion valve to decrease its temperature and pressure 
(3-4). After that, the working fluid is evaporated in a chilling heat exchanger to provide the cooling 
effect (4-1). The vaporized fluid is sent through the compressor and the cycle is complete. 
     
 (a)      (b) 
Figure 3-5: Temperature-Entropy diagrams of representative (a) vapor compression 
refrigeration cycle and (b) organic Rankine power cycle with R134a as the working fluid. The 
engine coolant water flow (orange), cooling seawater flow (green), and chilled water flow 
(purple) are overlayed. 
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3.3.2. Working Fluid Selection 
 The choice of working fluid is critically important to the performance of both the power 
and cooling cycles. There are certain thermodynamic and physical characteristics of working fluids 
that make them particularly attractive for use in an ORC or a vapor compression cycle.  The critical 
temperature and pressure must be sufficiently high to ensure the critical point is never reached.  
 Further, the slope of the saturated vapor line on a temperature-entropy diagram is an 
important factor for organic Rankine cycles. If a working fluid has a negatively sloped saturated 
vapor line, an isentropic expansion could drive the fluid into the two-phase region of the vapor 
dome. If liquid droplets form in the turbine as the fluid expands, the blades can be seriously 
damaged or begin eroding. A fluid with a negative slope is called a wet working fluid, and an 
example of this type is water. A fluid which has an infinite slope is called isentropic. This fluid is 
preferable to a wet working fluid, but a fluid that has a positive slope is the best candidate for an 
organic Rankine cycle. A dry working fluid (one with a positive slope) won’t enter the vapor dome 
after it undergoes an isentropic expansion, which is ideal to preserve the turbomachinery.  
 In addition, there are several safety factors that make certain fluids attractive for use in 
these cycles. Due to the potential for leaks in real systems, the flammability, toxicity and 
environmental factors should be considered when choosing a working fluid. The Ozone Depletion 
Potential (ODP) and Global Warming Potential (GWP) are two important factors to consider. 
There are many working fluids that have favorable thermodynamic properties, but can cause 
serious harm to the ozone layer and contribute to global warming. The next generation of working 
fluids have low GWP and favorable thermodynamic properties. 
 This study examined five different working fluids, including next generation low-GWP 
refrigerants: R134a, R245fa, R1234ze(E), R152a, and R600a. The five different working fluids 
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examined in this study and their characteristics are compared in Table 3-2. R134a and R1234ze(E) 
were chosen in this work because they are used in state-of-the-art commercially available vapor 
compression chillers [100–102]. R245fa is a commonly used working fluid in commercially 
available ORC systems for low grade waste heat recovery [103]. R152a was chosen based on 
guidance from a recently constructed air-cooled turbo-compression cooling system [96,97]. R600a 
was chosen based on results found in the literature regarding the generally favorable performance 
of hydrocarbon refrigerants. The operating conditions of this TCCS ensure that none of the fluids 
will reach the critical point. The cost for the fluids was found based on quotes received from 
suppliers.  
 In the present study, the same working fluid was used on both the power and cooling cycles. 
Using the same fluid reduces complexity of the turbocompressor because a hermetic seal between 
the rotating shafts is not needed. Without the hermetic seal, the efficiency of the mechanical power 
transfer between the turbine and the compressor is higher. 
3.3.3. Turbo-compression Cooling Thermodynamic Model 
 The following section will outline the governing equations used in the thermodynamic 
model and provide a representative calculation for the power cycle of the turbo-compression 
cooling system. Each subsection of the heat exchangers was modeled using energy balance and 
heat exchanger design equations. The set of Equations (3.1) - (3.3) was used to model each region 
Table 3-2: Characteristics of the working fluids chosen for this study. Each refrigerant had an 
Ozone Depletion Potential of zero. 
Fluid 
GWP Class Type Flammable Toxic Tcrit/Pcrit Cost 
(100 yr) - - - - °C / kPa $ kg -1 
R134a 1430 HFC Isentropic No No 101/4059 11.00 
R245fa 1030 HFC Dry Yes No 154/3651 41.40 
R1234ze(E) 6 HFO Isentropic No No 109/3632 33.00 
R152a 124 HFC Dry Yes No 113/4520 12.20 




of the heat exchanger. Equation (3.1) represents the heat transferred to or from the water side of 
the heat exchanger (engine coolant, condensing seawater, chilled water): 
  w w i oQ m c T T    (3.1) 
where Ti and To represent the inlet and outlet temperatures of the water stream and cw is the specific 
heat of the water. Equation (3.2) represents the heat duty of the heat exchanger: 
  min h,i c,iQ C T T    (3.2) 
where ε is the effectiveness of the heat exchanger, Cmin is the minimum heat capacity rate, Th,i is 
the hot fluid inlet temperature and Tc,i is the cold fluid inlet temperature. Equation (3.3) represents 
the heat transferred to or from the working fluid stream: 
  r i oQ m i i    (3.3) 
where ii and io are the inlet and outlet enthalpies of the working fluid. 
 The Coefficient of Performance of the turbo-compression cooling system was calculated 
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  turbine r i oW m i i    (3.6) 
where ηs is the isentropic efficiency of the turbine, io,s is the isentropic enthalpy at the turbine outlet, 
and Ẇturbine is the power output of the turbine. The compressor and pump were modeled with 













  (3.7) 
  r o iW m i i    (3.8) 
where ηs is the isentropic efficiency of the compressor or pump, io,s is the isentropic enthalpy at 
the compressor or pump outlet, and Ẇ is the power output. The isentropic efficiencies of the 
turbine, compressor, and pump were set to 80%, as shown in Table 3-1. These values were selected 
based on realistic isentropic efficiency targets for centrifugal turbomachines at this scale and with 
guidance from the Cordier diagrams developed by Barber-Nichols, Inc. [96,97]. The turbine and 
compressor are directly coupled because they share a single shaft rotating at the same speed. The 







    (3.9) 
The next section outlines a Cordier analysis that determined the size and speed of the turbine and 
compressor, which are important factors to achieving the 80% isentropic efficiency target. 
3.3.4. Cordier Analysis 
 The high efficiency turbocompressor is one of the key enabling technologies for the turbo-
compression cooling system. Having high efficiency turbomachinery is essential to meeting high 
COP targets. To determine the isentropic efficiency of the turbine and the compressor, a Cordier 
analysis was performed. The Cordier analysis calculated the specific diameter, specific speed, and 
actual size and speed of both the turbine and the compressor. After the specific speed and diameter 
were calculated, the isentropic efficiency of the machine can be found by reading the Cordier maps 
shown in Figure 3-6. Equations (3.10) and (3.11) were used to calculate the specific speed and 

















   (3.11) 
where N is the rotation speed of the shaft in revolutions per minute, V̇ is the volumetric flow rate 
in ft3 s-1, Had is the adiabatic head across the device in ft lbf lbm
-1, and D is the diameter of the 
machine in feet. It is important to note that in typical Cordier analyses, the specific speed, Ns, and 
the specific diameter, Ds, are dimensionless, but that is not the case in this work. The specific 
speed has units of ft3/4 lbm3/4 min-1 s-1/2 lbf -3/4. The specific diameter has units of lbf1/4 s1/2 lbm-1/4 
ft-1/4. An Ns-Ds diagram was produced by Barber Nichols, Inc. to show isentropic efficiencies of 
typical turbomachinery as a function of dimensional specific speed and specific diameter. The 
Barber Nichols, Inc. Ns-Ds map was used in this work to determine the ideal specific speed and 
specific diameter to maximize the efficiency of both the turbine and the compressor. The Cordier 
map is provided as Figure 3-6 for each component. In general, the specific speed of the turbine 
must be between 50 and 150 while the specific speed of the compressor must be between 60 and 
200 for each to have 80% isentropic efficiency. In this work, a specific speed of the turbine was 
chosen, which set the rotational speed of the shaft from Equation (3.10). From the shaft rotational 
speed, the specific speed of the compressor could be found. Once the specific speed of the machine 
is determined, the specific diameter can be calculated from the equation of the line that borders the 
upper limit of the 80% isentropic efficiency island. The upper bound of the island was used to 
maximize the physical diameter of the turbomachine. As the device gets physically smaller, the 
80% efficiency target becomes increasingly unreasonable. The ratio of the tip clearance and the 
length of the blades gets larger which increases the inefficiencies of the machine because there is 
more fluid leaking ‘around’ the blades, between the tip and the hub, instead of turning the blades 
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and producing power. There is a practical lower limit on tip clearance due to material and 
manufacturing technologies which means that small machines tend to have more losses. Larger 
machines reach high efficiency targets more easily because the tip clearance losses become 
smaller. Equations (3.12) and (3.13) determine the specific diameter of the turbine and compressor 
from the specific speed in the 80% island:  
 
 
Figure 3-6: Cordier maps for pumping/compressing machines (top) and for expanding 


























  (3.13) 
The above equations are solved simultaneously in Engineering Equation Solver. This completes 
the thermodynamic modeling block. The heat exchanger block of the simulation will be explained 
in detail in the next section. 
3.4. Plate and Frame Heat Exchanger Modeling 
 The present study modeled compact, liquid coupled plate frame heat exchangers for the 
condensers, boiler, and chiller. The construction a counter flow plate heat exchanger in shown in 
 












Figure 3-7. Plate heat exchangers are made up of a heat transfer plate pack, gaskets, a fixed end 
plate, a moving end plate, long bolts that span the length of the plate pack, and a frame. The heat 
transfer plate pack consists of thin plates (~0.0003 m – 0.0007 m) that are separated by gaskets. 
After the plates and gaskets are compressed between the two end plates using the long bolts, 
alternating channels for the hot and cold heat transfer fluids are formed, shown in red and blue on 
Figure 3-7 [104]. The gaskets are used to keep the fluids in their respective flow channels. The 
channel spacing between the plates is typically on the order of 0.005 m. As shown in Figure 3-7, 
the fluids enter the device in the inlet header and are distributed to each alternating flow channel. 
Then, the fluid will flow up or down the plates and recollect in the return header to exit the device. 
The plates typically have corrugated herringbone patterns to increase heat transfer surface area and 
induce additional turbulence to improve heat transfer performance.  
 Plate frame heat exchangers have a number of advantages for this application of the turbo-
compression cooling system: small footprint, ease of scalability, and flexibility. Plate frame heat 
exchangers are compact which is essential as extra space is not readily available onboard large 
cargo ships. Furthermore, the heat duty of the plate frame heat exchangers can be easily modified 
by adding or subtracting plates. In addition, the plates and gasket seals can be manufactured out of 
various materials based on user needs. For example, the condenser plates in this system are 
titanium to prevent corrosion from seawater exposure and the boiler and chiller plates are stainless 
steel. If a high pressure is required for the device, then gasket selection can improve the pressure 
rating. The boiler and condensers are in a counter flow arrangement, while the chiller is a parallel 
flow heat exchanger. The channel geometry of the plates can also be tailored specifically for 
boiling or condensation to improve the performance of the device. Plate heat exchangers are an 
ideal choice for a turbo-compression cooling system that requires a small footprint while 
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maintaining a high performance standard. Each of these enhancements (titanium plates, higher 
pressure rating, etc.) has an associated cost which is addressed in this work.  The details of the heat 
exchanger design calculations will be provided next.  
3.4.1. Epsilon-NTU Heat Exchanger Method 
 The goal of the heat transfer modeling is to calculate how much heat exchange area is 
required to achieve the necessary heat duty based on the heat exchanger effectivenesses, calculated 
mass flows, and temperature differences from the thermodynamic model. The heat transfer 
modeling also calculated the pressure drop through the heat exchangers and through the system 
piping.  
 Figure 3-8 provides a schematic of a single plate in each of the heat exchangers in the 
TCCS. As discussed above, the plates are connected in parallel with a gasket between each plate. 
The gasket is depicted in gray, keeping the external water and refrigerant streams separate. The 
condensers and boiler were modeled as counter flow devices. The chiller was modeled as parallel 
 
      (a) Boiler        (b) Chiller        (c) Condenser 
 
Figure 3-8: Flow path and working fluid regions for a single plate in the (a) power cycle boiler 




flow. Compressing the plates creates the refrigerant channels between every second plate and the 
water channels in the other plates. Each working fluid phase occupies a certain area of every 
refrigerant plate. As shown in Figure 3-8a, the refrigerant enters the boiler at the bottom header as 
subcooled liquid and is heated by the hot engine coolant. As it travels upward along the plate, 
energy is transferred to the working fluid until it becomes a superheated vapor and then exits the 
heat exchanger through the top manifold. The engine coolant enters in the top header and travels 
down its respective plates as it heats the refrigerant. In the chiller plates, shown in Figure 3-8b, 
refrigerant enters at the bottom header of the device as a two-phase mixture and is heated by the 
external chilled water stream. The refrigerant exits the chiller as a superheated vapor. Since the 
chiller was modeled as a parallel flow device, the chilled water stream also enters in its respective 
bottom header and is chilled as it travels upwards along its plate channels. In the power and cooling 
condenser plates, shown in Figure 3-8c, the refrigerant enters the device as a superheated vapor in 
the top header. The refrigerant is cooled and condensed to the liquid phase as it travels down the 
plates to the return header at the bottom of the device. The cooling water stream enters the bottom 
header and absorbs heat from the refrigerant as it travels upward to the return header. 
 The epsilon-NTU method was used to calculate the total heat transfer area of each region 
(subcooled, two-phase, and superheated) of the heat exchangers.  The boiler and condensers were 
counter flow devices, while the chiller was a parallel flow device. The relationship between the 













  (3.14) 
71 
 
where Cratio = Cmin/Cmax is the ratio of heat capacity rates. The relationship from Equation (3.14)
was used for the boiler and the condensers. For a parallel flow device, the relationship between 
effectiveness and number of transfer units is defined in Equation (3.15): 
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  (3.15) 
Equation (3.15) was used to model the chiller. From the overall heat transfer coefficient and the 









   (3.16) 
where U is the overall heat transfer coefficient, Aregion is the heat exchange area of the distinct 
regions (subcooled, two-phase, and superheated), and Cmin is the minimum heat capacity rate. 
Equations (3.14) - (3.16) were used to calculate the heat exchange area in every region of all the 
heat exchangers.  
 The sum of the areas of the specific heat exchanger regions is the total heat exchange area 
required, as shown in Equation (3.17): 
 
total sc tp shA A A A     (3.17) 
Once the total heat exchange area was calculated, the number of plates required for the heat 
exchanger was calculated according to Equation (3.18): 
     total plate plate plate sc tp sh plate1 1A A N w L L L N        (3.18) 
The area enhancements from the corrugation pattern in the plates were not accounted for in the 
area calculations. The corrugation depth and pitch was not provided from the manufacturer, so the 
enlargement factor could not be calculated, but the heat transfer and pressure drop correlations 
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accounted for a corrugated herringbone pattern. The reduction in heat transfer surface area from 
the inlet and outlet headers was accounted for by subtracting a header radius from the appropriate 
plate regions. The chiller on the cooling cycle does not have a subcooled region area because the 
working fluid is two-phase at the exit of the expansion valve. Equation (3.18) will approximate 
the heat transfer area for each heat exchanger which is consistent with the methods in the literature 
[105].  
 To calculate the heat transfer area in each region of the heat exchangers, the overall heat 
transfer coefficient must be calculated. The overall heat transfer coefficient for each region, U, is 







     (3.19) 
where hr is the refrigerant side heat transfer coefficient, Rwall is the wall resistance of the plate, and 
hw is the water side heat transfer coefficient. Rwall is equal to tplate / kplate, where tplate was determined 
from plate heat exchanger quotes and data sheets. The geometry specifications of the plates in this 
study are provided in Table 3-3. With the overall heat transfer coefficient and the NTU of each 
region calculated, the area of each region (subcooled, two-phase, and superheated) could be found 
using Equation (3.16).  
Table 3-3: Plate geometry inputs for the heat 
exchanger model. 
Input Value Units 
Lplate 1.32 [m] 
wplate 1.17 [m] 
tplate 0.0007 [m] 
splate 0.0045 [m] 
Dheader 0.35 [m] 
ktitanium 22.1 [W m
-1 K-1] 





 To understand how the footprint of the TCCS compares to the current shell and tube 
radiator onboard these ships, the Kern method was used to calculate the size of the engine coolant 
radiator [106]. The details of the Kern method for shell side heat transfer coefficient can be found 
in Process Heat Transfer from Hewitt et. al.  
 For this analysis, the same temperature and flow rate inputs were used as the power cycle 
boiler and condenser. The heat duty was 2 MW, the engine coolant entered at 90°C and exited at 
83.9°C with a mass flow rate of 78.5 kg s-1. The seawater entered at 32°C with a flow rate of 250 
kg s-1. The effectiveness of this heat exchanger was 0.1045. The seawater flowed on the tube side 
to facilitate cleaning and maintenance while the engine coolant flowed on the shell side.  
 The geometric inputs of the shell and tube heat exchanger were chosen with guidance from 
Hewitt et. al. [106]. The inner diameter of the shell was set to 2.5 m, while the outer diameter of 
the tubes was 76 mm. The inner diameter of the tubes were 73.3 mm. The tube pitch was 1.3 times 
the outer diameter of the tubes, resulting in a pitch of 98.8 mm. The length of the tubes was 5.03 
m and there were 26 tubes. There were 9 baffles spaced every 0.5 m throughout the length of the 
shell with a thickness of 5 mm. A representative calculation to determine the size of the shell and 
tube radiator is provided in Appendix A.4. 
3.4.2. Correlations for Heat Transfer Coefficients in Plate and Frame Heat Exchangers 
 There are a number of correlations for heat transfer coefficients available in the open 
literature for both condensation and boiling of refrigerants in plate frame heat exchangers. In 
addition, typical correlations for single phase heat transfer of refrigerants in plate heat exchangers 
were used. The two-phase and single phase correlations for heat transfer will be discussed in detail 
in this section. A summary of the correlations used for each heat exchanger and the regions is 
provided in Table 3-4. 
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  The Kuo correlation for condensation in compact plate frame heat exchangers is 
represented in Equation (3.20) [107]: 
 0.45 0.25 0.75
r,cond r,l l0.25 75h h Co Fr Bo
      (3.20) 
where hr,l is the single phase heat transfer coefficient for liquid refrigerant in a plate heat exchanger, 
Co is the convection number, Frl is the Froude number, and Bo is the boiling number. As shown 
in Table 4-3, the Kuo correlation was used for the two-phase regions of the refrigerant in the power 
and cooling cycle condensers. The Kuo correlation was developed for R410a. The single phase 
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  (3.21) 
where kl is the thermal conductivity of the liquid phase refrigerant, Dhyd,chan is the hydraulic 
diameter of the channel, Rel is the liquid Reynolds number, Prl is the liquid Prandtl number, and μ 
is the viscosity of the liquid refrigerant. In this case, the ratio of the average and wall viscosities 
was taken to be unity. The hydraulic diameter is defined and calculated for this plate geometry in 
Equation (3.22): 
 








     (3.22) 
Table 3-4: Summary of heat transfer correlations used for each heat exchanger region.  
Heat Exchanger Fluid Side Subcooled Two-Phase Superheated 
Condensers (Power 




Kuo [106] Thonon 
Seawater Dittus-Boelter [109] 
Boiler 
Refrigerant Thonon Hsieh [108] Thonon 
Engine Coolant Dittus-Boelter 
Chiller 
Refrigerant - Hsieh Thonon 




where wplate is the width of a single plate, splate is the spacing between each plate, and Pwetted is the 
wetted perimeter. The values of wplate and splate are shown in Table 3.3. Pwetted is equal to 2 × (wplate 
+ splate). In the literature, the hydraulic diameter of the plate channels is simplified to 2 × splate  
because the width of the plates is much larger than the spacing [107–109]. The simplified hydraulic 
diameter yields a value of 0.009 m for the plate dimensions in this study. When comparing the 
results for the reduced hydraulic diameter and the actual hydraulic diameter, the payback period 
of the system was only changed by 0.3%. The dimensionless numbers used in the Kuo Correlation 











































    (3.27) 
where cl is the liquid specific heat capacity, x is the quality, G is the refrigerant mass flux, g is the 
acceleration due to gravity, and ifg is the refrigerant enthalpy of vaporization. The term ṁplate is 











  (3.28) 
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where Nplate is the number of plates. The term in the denominator of Equation (3.28) represents the 
number of channels where either working fluid or water is flowing. In the same vein, refrigerant 








   (3.29) 
where splate is the spacing between plates and wplate is the width of the plate. 
 The Hsieh correlation for boiling R410a in a vertical plate heat exchanger is presented in 
Equation (3.30) [109]: 
  0.5r,boil r,l 88h h Bo   (3.30) 
As shown in Table 3-4, the Hsieh correlation was used for the two-phase regions of the refrigerant 
in the boiler and the chiller.  
  For the single phase regions of the refrigerant side of all the heat exchangers, the Thonon 
correlation was used, as shown in Table 3-4. In addition, the Thonon correlation was also used for 
the water side of the chiller because the Reynolds number was typically around 900, which means 










   (3.31) 
The Reynolds number range for the Thonon correlation is 50 < Re < 15,000. 
 The Dittus-Boelter correlation was used for the water side (engine coolant and seawater, 
heat transfer coefficient on the boiler and condensers, as shown in Table 3-4. The Dittus-Boelter 
correlation was valid for the water sides of these heat exchangers because the flows were highly 
turbulent and single phase [110]. For R134a, as shown in Appendix A, the Reynolds number for 
the power and cooling condensers were 5,000 and 15,000, respectively. Those Reynolds number 
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imply turbulent flows, especially in plate heat exchangers. Since the Reynolds number of the water 
side of the chiller was around 900, the Dittus-Boelter correlation was not used. The Dittus-Boelter 
correlation is defined according to Equation (3.32): 






   (3.32) 
where n = 0.3 for cooling and 0.4 for heating. For example, n = 0.3 was used for the boiler water 
stream because the water side was cooling as it traveled through the heat exchanger. In the 
condenser, n = 0.4 because it was heating as it traveled through the heat exchanger. The calculation 
procedure for the heat transfer coefficients for all regions of the heat exchangers has been outlined 
here. The details of the pressure drop calculations will be presented next. 
3.4.3. Pressure Drop in Plate and Frame Heat Exchangers 
 Figure 3-9 shows a schematic of the refrigerant flow path in the power cycle boiler. The 
fluid enters as a subcooled liquid in the bottom manifold. The fluid is equally distributed to the 
channels along the length of the header. Then, the refrigerant is heated by hot engine coolant 
flowing counter in the second set of channels, represented as orange arrows in the figure. The fluid 
is vaporized and recombines in the top manifold as it exits the device.  
 The pressure drop through the heat exchanger was calculated to be the sum of the pressure 
losses in the single phase and two-phase regions, as shown in Equation (3.33):    
 HX sp tpP P P       (3.33) 
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where ftp is the two-phase friction factor, G
2 is the mass flux, Ltp is the vertical length of the two-
phase region, and Dh,channel is the hydraulic diameter of the channel. The length of the working fluid 











  (3.35) 
  The friction factor in the two-phase regions was calculated using the Hsieh and Kuo correlations 
[107,109]. The Hsieh friction factor for a boiling refrigerant in a vertical plate heat exchanger is 




   (3.36) 
where Reeq is the equivalent Reynolds number. The Kuo friction factor for a condensing refrigerant 
in a vertical plate heat exchanger is given as Equation (3.37): 
 
Figure 3-9: Cross section of the flow path in the power cycle boiler. The gray 
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  (3.39) 
where xm is the mean quality through the heat exchanger region. The pressure drop in the single 
phase regions of the heat exchangers was modeled as the sum of the pressure drop through the 
headers, from the flow leaving the headers and entering the plate channels, and through the heat 
exchanger plates, as shown in Equation (3.40): 
 
sp header tee channelP P P P         (3.40) 
The pressure drop analysis was simplified by assuming the flow is equally distributed so that each 
heat exchanger channel has an equal mass flow rate. This flow rate was determined by dividing 
the refrigerant mass flow rate by the number of working fluid channels in the heat exchanger. The 












     (3.41) 
where u is the velocity of the working fluid in the header, Ktee,line is the minor loss coefficient from 
a 90 degree tee measured in the straight line of pipe (equal to 0.9), and fFanning is the Fanning friction 
factor [111]. The velocity at each point along the length of the manifold is not constant because 
flow is branching into and out of the headers. Thus, the pressure drop is not constant throughout 
the manifold. To simplify this calculation, the velocity at the halfway point of the manifold was 
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used to approximate the pressure drop through the manifold. At the halfway point, half of the total 
mass flow has entered the plate channels. The calculations in Appendix A for the pressure drop of 
R134a in the power cycle boiler show that the sum of the inlet and return header pressure drop was 
1% of the total pressure drop through the heat exchanger. The sum of the inlet and return header 
pressure drops was 8.5 Pa, while the total pressure drop through the boiler was 769 Pa. The Fanning 

















    (3.43) 
where Re is the Reynolds number in the header.  
 The pressure drop through the inlet header to the channel was calculated using Equation 
(3.44): 
 






    (3.44) 
where Ktee,branch is the minor loss coefficient from the 90 degree tee measured in the branched line 
and Kcon is the minor loss coefficient due to a sudden contraction or expansion.  Ktee,branch is equal 
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    (3.48) 
where Lsp is the length of the single phase region (subcooled or superheated) as shown in Figure 





    (3.49) 
The sum of the single phase pressure drops (header and channels) was multiple orders of 
magnitude smaller than the pressure drop in the two-phase regions. which confirms the assumption 
that the flow was well distributed [112]. For example, the total pressure drop of the power cycle 
boiler with R134a was 768.8 Pa, with the single phase regions accounting for 57.3 Pa of the total 
(7.5% of the total). Appendix A provides a representative calculation of the heat transfer and 
pressure drop calculations for the boiler power cycle.  
 The pressure drop through each run of piping was set to 1 kPa and the length of each pipe 
run was set. The diameter of each piping run was calculated by setting the length and pressure drop 
through each section of pipe. The length of each pipe was estimated based on guidance from solid 
modeling efforts of a liquid coupled turbo-compression cooling system and physical construction 
of an air coupled system. The piping lengths are provided in Table 3-5. In all simulations, the 
diameter of the pipe was less than 6 inches. The hydraulic diameter required for the single phase 












    (3.50) 
 The friction factor for Equation (3.50) was calculated from Equation (3.42) or (3.43). 
 From the throttle valve to the chiller, the working fluid is two-phase. The homogeneous 
method was used to calculate the pressure drop through this region. The hydraulic diameter of this 









    (3.51) 
where the friction factor is calculated from Equations (3.42) or (3.43). The equivalent density is 
defined by Equation (3.52): 
  eq m g m l1x x       (3.52) 
The homogenous method accounts for two-phase flow by assuming a homogeneous mixture of 
liquid and gas phases based on the quality of the fluid.  
 The heat transfer model calculated the required heat exchange area for all four heat 
exchangers, the pressure drop through all four heat exchangers, and the required diameter for all 
sections of piping. These outputs were coupled to the economic model to determine system-wide 
costs. 
Table 3-5: Pipe lengths for the power and cooling cycles.  
 Pipe Run Phase Length [m] 
Power 
Cycle 
Pump to Boiler Liquid 3 
Boiler to Turbine Vapor 3 
Turbine to Condenser Vapor 2 
Condenser to Pump Liquid 2 
Cooling 
Cycle 
Compressor to Condenser Vapor 2 
Condenser to Throttle Valve Liquid 3 
Throttle Valve to Chiller Two-Phase 2 




3.5. Economic Modeling 
 The economic model used the outputs from the thermodynamic and heat exchanger model 
to estimate costs and cost savings of the liquid coupled turbo-compression cooling system. Cost 
models were used for all the major components of the system: heat exchangers, piping, power 
cycle pump, turbocompressor, and working fluid. The cost models were modified by the Chemical 
Engineering Plant Cost Index (CEPCI) for 2016 to accurately represent present-day cost [113]. 
The final block of the cost model calculated the fuel savings onboard large cargo ships by 
implementing a turbo-compression cooling system. The turbo-compression cooling system would 
provide supplemental cooling, which removes load from the vapor compression chillers. Since the 
vapor compression chillers are typically powered by the onboard diesel generators, this translates 
to cost savings from reduced fuel consumption. The following sections will present how the cost 
of the components in the system were calculated and how the payback period was determined.  
3.5.1. Component Cost Models 
 The cost models for the heat exchangers were based on the total heat exchange area. From 
Brown, the cost of a plate frame heat exchanger is defined in Equation (3.53) [114]: 
  
0.54 2016




cost A F F F
CEPCI
   (3.53) 
where costHX is in dollars, A is the area of the heat exchanger in m
2, Fmat is a material cost 
multiplier, Fpressure is a pressure cost multiplier, Fgasket is a gasket cost multiplier and CEPCI is the 
Chemical Engineering Plant Cost Index value for the designated year.  CEPCI2016 is equal to 541.7 
and CEPCI2005 is equal to 468 [115,116]. Fmat modifies the cost of the heat exchanger based on the 
plate material. The cost model assumes that stainless steel plates have a material factor equal to 
one (baseline), while titanium plates have a material factor equal to 1.6. In this application, the 
seawater condensers on both the power and cooling cycles were assumed to have titanium plates 
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to prevent material degradation due to aqueous corrosion from seawater. The boiler and chiller 
plates were assumed to be constructed of stainless steel. Fpressure is a cost modifier that accounts 
for a plate and frame heat exchanger operating at elevated pressures. Fpressure is set to 1.23 for 
operating pressures above 1620 kPa and is equal to 1.35 for operating pressures above 2551 kPa. 
Fgasket is a cost multiplier based on the gasket material used in the plate frame heat exchanger. 
Nitrile gaskets impose a cost factor of one, Ethylene propylene diene monomer (EPDM) gaskets 
have a cost multiplier equal to 1.4, and Viton gaskets have a cost multiplier of 2.6. The choice of 
gasket will depend on the working fluid due to material compatibility. In this work, Nitrile gaskets 
were compatible with all working fluids.  
 The cost model for the steel system piping from Brown is defined in Equation (3.54) [114]:  




cost N D L
CEPCI
    (3.54) 
where costpipe is in thousands of dollars, Nfittings is the number of fittings per 30 meters of pipe 
(equal to 16.67 in this work), Dpipe is the diameter of the pipe run, and Lpipe is the length of pipe 
run. Guidance from physical construction of the air coupled turbo-compression cooling system 
assisted in the estimation of one fitting per six feet of pipe. The diameter of the pipe was calculated 
from the heat transfer modeling section by setting a pressure drop and pipe length to solve relevant 
equations. The piping of the external streams (engine coolant, seawater, and chilled water) was not 
accounted for in this work because they are not considered to be intrinsic costs of the turbo-
compression cooling system. On average, the piping and fittings accounted for 2% of the total 
system cost. 
 The power cycle pump cost model was adopted from Couper et. al. and is defined in 
Equation (3.55) [117]: 
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   (3.55) 
where costpump is the pump cost in dollars, Ftype is a pump type cost multiplier, and costbase is the 
base cost of the machine. CEPCI1985 is equal to 325. Ftype is defined in Equation (3.56):  
     
2
type 1 2 3exp ln lnF b b V H b V H
 
   
 
  (3.56) 
where b1, b2, and b3 are constants that depend on the type of pump, V̇ is in gallons per minute and 
H is head delivered by the pump in feet. In this analysis, the pump was a single stage centrifugal 
machine rotating at 3550 RPM which defines b1, b2, and b3 to be 0.0632, 0.2744, and -0.0253, 
respectively.  The term costbase is the base cost, in dollars, of a centrifugal pump constructed of 
cast iron as defined in Equation (3.57): 
     
2
base 3.00exp 8.883 0.6019 ln 0.0519 lncost V H V H     (3.57) 
 The cost model for the turbocompressor was developed by Barber-Nichols, Inc. as a 
logarithmic fit of  two different design points, 6 kW and 10 kW, of a high efficiency centrifugal 




























  (3.58) 
where cost6kW and cost10kW are the cost for a 6 and 10 kW turbomachine, and Ẇactual is the turbine 
work of the device to be priced.  
3.5.2. System Refrigerant Charge 
 The refrigerant charge was estimated by calculating the volume of the heat exchangers and 
piping and multiplying by an average density across each section to determine the mass. The 
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volume of the plate frame heat exchangers is the sum of the header volume and the volume of the 
working fluid channels, as shown in Equation (3.59): 
 
HX header,i header,o channel
m = m + m + m   (3.59) 
where mheader,i and mheader,o are the mass of refrigerant in the inlet and outlet headers, respectively, 
and mchannel is the refrigerant mass in the working fluid channels. The refrigerant charge in the 












  (3.60) 
where ρheader is the density of the working fluid in the header, D is the header diameter and Lheader 
is the length of the header. The header diameter was set to 0.350 m, as shown in Table 3-4. The 
length of the header is given as Equation (3.61): 
    header plates plate plate plates 2L N t s N      (3.61) 
Equation (3.61) is a reasonable approximation of the length of the header, taking into account the 
thickness of the plates and the spacing between each plate. The number of plates in the spacing 
term is subtracted by two to account for the two endplates of the heat exchanger. The volume of 
the working fluid channels was calculated for each region of each heat exchanger, as defined in 
Equation (3.62): 
 
channel ch,sc ch,tp ch,shV V V V     (3.62) 
Equation (3.63) represents the volume in the channels in each region of the heat exchanger: 
  ch,region region plateV A s   (3.63) 
where Aregion is the total area calculated from the heat exchanger modeling for the subcooled, two-
phase, or superheated regions. The density of the working fluid will change significantly during 
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phase change. It was important to account for the density while calculating the refrigerant charge 
in the heat exchangers, as shown in Equation (3.64): 
  ch,region region ch,regionm V   (3.64) 
where mch,region is the mass of working fluid in the specified region and ρregion is the density of the 
refrigerant in that region. For the two-phase regions, an average density was calculated using the 
saturated liquid and saturated vapor densities, as shown in Equation (3.65): 
  tp l v0.5      (3.65) 
 The sum of the refrigerant mass in each region was taken to calculate the total charge in the plate 
heat exchanger channels.  










  (3.66) 
where D is the diameter of the pipe and Lpipe is the length of pipe run. The volume was multiplied 
by an average density through each section to determine the total mass. Once the total charge in 
the system was determined, the cost of the refrigerant was calculated with Equation (3.67): 
 ref,total ref,total ref,specificcost m cost   (3.67) 
where mref,total is the total charge of the system and the costref,specific is the specific cost of the 
refrigerant on a per mass basis. 
3.5.3. Simple Payback Period 
 The cost savings associated with the implementation of a turbo-compression cooling 
system are a result of displacing load from the vapor compression chillers. The cooling capacity 
of the turbo-compression cooling system is divided by the typical COP of the vapor compression 
system to determine how much electrical energy a typical vapor compression chiller would use to 
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provide the same cooling capacity. The power cycle pump work is subtracted from that term to 
accurately represent the energy required by the vapor compression system. The equation used to 
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  (3.68) 
The term on the right hand side of Equation (3.68) is multiplied by 0.85 to represent a cargo ship 
that is cold ironing 15% of the time. When a large cargo ship is cold ironing, the ship is docked 
and receiving power from the shore. The vessel can turn off its engines to reduce fuel consumption 
and emissions. The power displaced is divided by the efficiency of the diesel engine-generator 








   (3.69) 
where Ẇengine is the power output of the engine and ηgenerator is the mechanical efficiency of the 
engine-generator interface. Then, the heat input to the engine is calculated by dividing the engine 








   (3.70) 
The diesel engines onboard cargo ships for this application can be run with Heavy Fuel Oil (HFO), 
Marine Diesel Oil (MDO), or Marine Gas Oil (MGO). Due to more stringent emissions regulations 
imposed in 2015, Heavy Fuel Oil is being phased out of use [119]. As such, this analysis assumes 
Marine Gas Oil to be the fuel for the onboard diesel engines. The fuel input to the engine is 








   (3.71) 
where QMGO,ave is the lower heating value for Marine Gas Oil, equal to 42.8 MJ kg
-1 [120]. The 
amount of fuel saved is calculated on an annual basis and multiplied by the cost per unit mass of 
MGO, $0.534 per kg, to determine annual cost saving [121]. The simple payback period is the 
total cost of the turbo-compression cooling system divided by the annual cost savings, as shown 
in Equation (3.72): 
 
HX pipe pump TC ref,total
fuel,annual MGO,specific
Payback Period
cost cost cost cost cost
m cost
   
   (3.72) 
 In addition to the payback period, the reduction of CO2 emissions was calculated using the 
reduction in fuel saving. Marine Gas Oil emits 3.179 kg of CO2 per kg of MGO burned [122]. 
Thus, the CO2 reduction is defined in Equation (3.73): 
 
2CO MGO,annual
3.179m m    (3.73) 
The amount of savings from reducing emissions and improving fuel economy are not accounted 
for in this work. 
3.5.4. Discounted Cash Flow Rate of Return 
 In addition to the simple payback period, the discounted cash flow rate of return 
(DCFROR) was examined. The DCFROR analyzes cash flows throughout the life time of the 
turbo-compression cooling system, taking into account the time value of money, along with 
operating costs throughout the lifetime of the equipment. The turbo-compression cooling system 
and a traditional vapor compression system were compared using the DCFROR for use onboard a 
marine vessel. In this analysis, it was assumed the turbo-compression cooling system was 
retrofitted on the marine vessel, while the vapor compression system was on the ship as a new 
build. The analysis was performed in this way because the vapor compression system is the 
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standard method of providing refrigeration and space cooling to all large marine vessels. The goal 
of the DCFROR is to calculate the minimum cost of the cooling energy provided by each system 
to yield a net present value (NPV) of $0, which represents the breakeven point with the specified 
internal rate of return.  The cost per kWh of cooling was compared between the two cooling 
technologies. 
 The cost of the vapor compression system was $120 per kWth of cooling capacity. $120 
per kWth for a large vapor compression system such as this a conservative estimate. It would likely 
cost significantly more than this due to limited vendors for a machine at this size. A conservative 
estimate was chosen to compare the economic performance of the TCCS and an extremely cheap 
vapor compression chiller.  The cooling capacity of the vapor compression system was set to the 
average of the cooling capacities of the five different turbo-compression cooling systems, 680 
kWth. Since the vapor compression system requires electricity input, the cost of a diesel generator 
was also incorporated into the capital cost. The cost of the diesel generator was $350 per kWe of 
generation capacity, where the generation capacity was 170 kWe. 170 kWe is the marginal engine 
size required to produce about 680 kWth of cooling with state-of-the-art vapor compression 
chillers. Even though the turbo-compression cooling system requires the waste heat from the diesel 
generators, the cost of the diesel generator was not incorporated into the turbo-compression 
cooling system DCFROR analysis. Since the turbo-compression cooling system is a retrofit, the 
onboard diesel generators are already purchased and are considered a sunk cost. In addition, the 
DCFROR was conducted for a standard vapor compression system of this size without including 
the cost of the diesel genset in an effort to strictly compare the costs between the cooling 
technologies. This ‘apples to apples’ comparison will be helpful to an end user trying to decide 
whether to implement a relatively new/risky technology in the turbo-compression cooling system 
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or to install a standard vapor compression system, where the costs of operation are higher but the 
potential risk is lower.  
 The constant inputs for the DCFROR are shown in Table 3-6, which were chosen in 
accordance with the ‘nth’ plant design considerations [123]. The lifetime of the systems was 30 
years. The internal rate of return was chosen to be 10% for the turbo-compression cooling system, 
since it is a relatively new technology representing some risk. The internal rate of the return for 
the vapor compression and diesel generator was chosen to be 2% because the technology is well 
understood and the risk is lower. Both systems were assumed to be built over a 3-year period with 
a startup time of 6 months. The startup time implies that the system only provides 50% of the total 
cooling capacity for the first 6 months of operation as the system is commissioned and 
troubleshooting is performed. The maintenance cost of each system was chosen to be 3% of the 
total capital cost for each year of operation. The systems operated for 7884 hours, representing 
90% of one full year. The loan period for each system was 10 years and the loan interest rate was 
8.0%, where payments were made yearly. The loan principal was 40% of the total equipment and 
facilities capital cost. The depreciation schedule was over 7 years in a modified accelerated cost 
recovery system, which is the current tax depreciation schedule in the United States. 
 The governing equation for the DCFROR analysis is given in Equation (3.74): 
 NPV NPB NPC    (3.74) 
where NPV is the net present value, NPB defines the net present benefits, and NPC defines the net 






























  (3.76) 
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where 1 / (1+IRR)y  is the discount factor and y is the year of operation. The terms NPB and NPC 
bring future benefits and costs into the present using the discount factor. For example, with an 
internal rate of return of 10%, in year two of operation the discount factor is 0.93, compared to the 
discount factor of 0.39 in year ten, showing that the same absolute cash flow is worth less in the 
future. Money in the present is inherently more valuable because it can be invested, beginning to 
accrue interest and increase in value. Money that will be acquired ten years in the future cannot be 
invested right now, which means that it has an intrinsically lower value. Annual Benefit is defined 
in Equation (3.77): 
 chill chillAnnual Benefit Q t x     (3.77) 
Table 3-6: Fixed inputs for the discounted 
cash flow rate of return study. 
Fixed Inputs Value 
Cost of VCC $120 per kWth 
Cost of Diesel 
Generator Set 
$350 per kWe 
Internal Rate of 
Return 
10% 
Construction Period 3 Years 
Startup Time 0.5 Years 
Maintenance Cost 





Loan Period 10 Years 








where Q̇chill is the amount of cooling capacity the system can provide, t is the number of hours in 
a year the system operates, and xcool is the minimum selling price of cooling capacity, in dollars 
per kWh. Again, the analysis calculates the minimum xchill to yield a NPV of $0. Annual Cost is 
calculated according to Equation (3.78): 
 Annual Cost Capex Opex Loan     (3.78) 
In addition, a sensitivity analysis was conducted to better understand the impact each input has on 
the cost of cooling energy provided by the turbo-compression cooling system. The results of the 
DCFROR comparison for each system and the sensitivity analysis will be provided in Chapter 4. 
The following section will detail how the turbo-compression cooling system was optimized to 
minimize the simple payback period.  
3.6. Technoeconomic Optimization 
 The coupled thermodynamic, heat transfer, and economic models as presented in the 
preceding sections were optimized to minimize the simple payback period of the turbo-
compression cooling system applied to a large cargo ship. The optimization routine is a manual 
search and find method to find the payback period is minimized. There are a number of parameters 
that could be used to optimize the system: closest approach temperatures, saturation pressures, or 
heat exchanger effectiveness values. In the present study, the minimum simple payback period was 
calculated by finding the optimum combination of heat exchanger effectiveness values. The 
effectiveness of the heat exchanger is directly related to the total heat exchange area. Since heat 
exchangers are often 75% of the total cost of thermal energy systems, the effectiveness of the heat 
exchangers was an ideal choice for an optimization parameter. Finding the optimum heat 
exchanger area is the most important factor in payback period minimization. The effectiveness of 
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each region in the heat exchangers (subcooled, two-phase, and superheated) has a profound effect 
on the overall system cost.  
 The first step in the optimization routine is to set the Reynolds number in the superheated 
regions of the boiler, chiller, and condensers to 15,000. If this Reynolds number is not set, the 
optimization procedure results in a Reynolds number greater than 15,000, which is out of range 
for the Thonon correlation. When the Reynolds number is higher than 15,000, the heat transfer 
coefficients in those regions are artificially high. As a result, the calculated heat exchange area was 
low which translated into an unrealistic number of plates and unrealistic heat exchanger size. This 
effect was further compounded because a small number of plates at a fixed mass flow rate 
translates to a very high Reynolds number and thus a recursive problem is developed. A search 
was conducted through available literature to better understand Reynolds number ranges for heat 
transfer coefficient correlations in plate heat exchangers. The Reynolds number rarely surpasses 
20,000 for refrigerants flowing through plate heat exchangers [124–128]. It is not immediately 
clear why this phenomenon occurs, but the flow in plate heat exchangers is highly turbulent even 
at low Reynolds number. Higher Reynolds numbers could lead to large pressure drops through the 
plate heat exchangers or could cause erosion of the plates and gaskets. 
 When the Reynolds numbers in the superheated regions of the plate heat exchangers are 
set, the model only requires three effectiveness inputs. The effectiveness values that are still input 
after setting the Reynolds number are: effectiveness of the subcooled region in the power cycle 
condenser, or PC Csc, the effectiveness of the subcooled region in the cooling cycle condenser, or 
CC Csc, and finally the effectiveness in the superheated region of the cooling cycle evaporator, or 
CC Esh. These effectiveness values are varied to determine the optimized solution. 
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 The optimization begins by altering the effectiveness of the subcooled region in the power 
cycle condenser. The value is altered while noting the effect on the simple payback period. Once 
an increase or decrease of the subcooled power cycle condenser effectiveness causes an increase 
in the payback period, then the process is repeated with the final two effectiveness inputs, 
subcooled cooling cycle condenser and finally superheated cooling cycle evaporator. After all 
inputs are optimized, then the method is repeated in the same order to ensure that the model 
converged to the most optimized solution. It was noted that after three iterations of the optimization 
procedure, changing the effectiveness values did not decrease the payback period and the model 
was fully optimized to minimize the simple payback period. Other optimization routines are 
possible, but the manual search and find method was ideal because the model was very sensitive 
to small changes in effectiveness values. The optimal system results were found with this method.  
 After the optimization routine, it was important to determine if the turbocompressor still 
was in the 80% efficiency island. As detailed in Section 3.2.4, the specific speed of the turbine 
was chosen and then the specific diameter was calculated. From these, the compressor specific 
speed and diameter were calculated. The specific speed of the turbine must be chosen so that both 
sides of the machine have high efficiency. If this result is unachievable based on the limits from 
the Cordier diagram, then different fluids should be used on the power and cooling cycle to 
simultaneously maximize the efficiency of the turbine and compressor.  
 A sensitivity study was also performed to determine which effectiveness values had the 
greatest effect on the payback period. For this portion of the study, the Reynolds numbers in the 
superheated regions were not set. This allowed more effectiveness inputs to be examined. Each 
effectiveness was changed by 0.1 and the percent change on payback period was noted. 
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 The turbo-compression cooling system was simulated with five different working fluids to 
better understand the effect of working fluid on thermodynamic, heat transfer, and economic 
performance. The methods described in Sections 3.2 to 3.5 were completed for every working 
fluid. In this analysis, the same working fluid was used on both the cooling and power cycle. Using 
the same working fluid on both sides reduces the overall complexity of the turbocompressor 
because the two sides do not require a hermetic seal. The hermetic seal is complex and will 
decrease the torque transfer efficiency between turbine and compressor. Using the same fluid on 
both sides is also advantageous because it will decrease the overall system footprint—only one 
type of working fluid storage cylinder is required. Reducing the overall system size is important 
as there is a limited amount of available space onboard large cargo ships. 
 The modeling section of this work is now complete. The technoeconomic modeling of the 
turbo-compression cooling system was performed for five different working fluids. A 
representative calculation that steps through each block of the model using R134a is given in 




CHAPTER 4. Results of Technoeconomic Optimization and 




 The optimization method described in detail in Section 3.5 found the minimum simple 
payback period for five different turbo-compression cooling systems that used different working 
fluids. Most studies on waste heat recovery systems focus on the energetic or exergetic 
performance as indicators of value. This work sought to characterize how thermodynamic 
performance and economic performance are related. In many real world cases, the primary 
indicator of value of waste heat recovery is the economic performance.  
4.1. Thermodynamic Performance 
 Table 4-1 presents a comparison of the thermodynamic results for all five simulations as a 
function of the working fluid. Each system shown in Table 4-1 was optimized using the heat 
exchanger effectivenesses to find a minimum payback period. The state points for each simulation 
are provided in Appendix B.  
 The TCCS that used the low GWP refrigerant R1234ze(E) had the highest overall system 
COP of 0.415. The R1234ze(E) system had the second highest thermal efficiency of the ORC 
(7.9%) and highest COP of the cooling cycle (5.58) which combined to have the highest overall 
system COP. The R1234ze(e) system provided 837 kW of cooling capacity with a compressor 
power of 150 kW. The R134a system had the highest organic Rankine cycle thermal efficiency of 
8.1%, with a turbine power output of 161 kW. Using two different working fluids on the power 
and cooling cycles could simultaneously maximize their efficiency and further improve the overall 
system COP. For example, using R134a on the power cycle (highest thermal efficiency) and 
R1234ze(E) on the cooling cycle (highest vapor compression COP) could yield a higher system 
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COP. The speed and size of the turbine and compressor must match when using two different 
working fluids, which is a consideration that must not be overlooked.  
 In these simulations, the specific speed of the turbine was set to 115 to compare the size 
and speed of the turbocompressor for the five working fluids, which are shown in Table 4-1. The 
R245fa TCCS had the largest turbine and compressor diameter and the slowest rotational speed. 
The density of R245fa at the turbine and compressor inlets were much lower than the other fluids 
examined in this study. The low density and high mass flow rate of R245fa drives the volumetric 
flow rate of the turbocompressor higher. The high volumetric flow rate will increase the diameter 
of the turbomachine while decreasing the speed, in accordance with the specific speed and 
diameter equations used in this work, Equations (3.10) and (3.11). Each compressor in this work 
landed in the island for 80% efficiency in Figure 3-6. As discussed in Chapter 3, larger 
turbomachinery is advantageous because manufacturing the blades, inlet guide vanes, and housing 
is easier. In addition, it is easier to reach higher efficiency targets with larger turbines and 
compressors (ηs > 80%). The large size of the turbine could be a factor for the widespread use of 
R245fa in commercial organic Rankine cycles. In addition, the highly positive slope of the 
saturated vapor line on the T-s diagram of R245fa is advantageous for ORC operation because an 
isentropic and adiabatic expansion won’t drive the working fluid into the two-phase region. 
Although the real expansion is non-isentropic, that simply drives the end point of the expansion 









[kW] [kW] [kW] - - [rpm] [m] [m] 
R134a 0.384 775 161 153 0.081 5.06 27887 0.125 0.164 
R152a 0.311 626 133 127 0.066 4.93 33803 0.121 0.149 
R245fa 0.269 539 133 126 0.066 4.27 16288 0.212 0.302 
R1234ze(E) 0.415 837 158 150 0.079 5.58 23658 0.144 0.194 




process further to the right on a T-s diagram, pushing it farther away from the two-phase region. 
The only time liquid droplets could form during the expansion process is if heat was removed from 
the working fluid during expansion. As long as the turbine is well-insulated, this will never occur.  
 The system with R245fa had the worst performance on the cooling cycle in terms of COP 
and chilling duty. The R245fa power cycle had comparable performance to R152a and slightly 
better performance than the R600a power cycle. Of the fluids in this study, R245fa had the lowest 
saturation temperature and pressure which caused the operating pressures throughout both the 
power and cooling cycle to be the lowest, as shown in Appendix B. Since the operating pressures 
were so low, the pressure drop through the heat exchangers had a large detrimental effect on the 
system performance, which will be explained further in Section 4.2. In the R245fa system, the 
pressure ratio of the compressor was the highest of the fluids examined. As the compression ratio 
increases in the cooling cycle, the compressor requires more work to appropriately pressurize the 
working fluid. In addition, it drives the two-phase line of the evaporator on the P-h diagram down 
towards the x-axis which could decrease the total cooling capacity for a dry working fluid, as 
 
Figure 4-1: Pressure-enthalpy diagrams of a standard vapor 














shown in Figure 4-1. For example, the compression ratio on the R245fa system was 5.3 which 
yielded a vapor compression cycle COP of 4.27 compared to the R1234ze(E) compression ratio of 
2.9 and the vapor compression COP of 5.58. These factors contribute to the poor COP of the 
cooling cycle with R245fa.  
 The performance turbo-compression cooling system is dependent on the enthalpy of 
vaporization (ifg) of the fluids. A comparison of the P-h curves of every fluid used in this study is 
provided in Figure 4-2. The power cycle has the best performance with the fluids that have a low 
ifg at the boiler saturation pressure. Since the heat input was set in the boiler to 2 MW, a lower 
enthalpy of vaporization will yield a higher mass flow rate in the power cycle. For example, R134a 
had an ifg of 104.0 kJ kg
-1 at the boiler saturation pressure (2700 kPa) and a power cycle mass flow 
rate of 11.47 kg s-1, which yielded a turbine power of 161 kW. In comparison, the ifg of R600a was 
 




259.8 kJ kg-1 at the boiler saturation pressure (1225 kPa) and a mass flow rate of 5.43 kg s-1 to 
result in a turbine power output of 129 kW. It is interesting to note that although R134a had a 
lower enthalpy drop across the turbine than R600a (14.1 kJ kg-1 compared to 23.8 kJ kg-1), the 
power output was higher as a result of the higher mass flow rate. The mass flow rate of the 
refrigerant in the power cycle has a larger impact on the turbine power output than the enthalpy 
drop.  
4.2. Heat Exchanger Design  
 The simulations were optimized by varying the heat exchanger effectiveness values in the 
subcooled region of the power and cooling cycle condensers and the superheated region of the 
cooling cycle evaporator (chiller). With these three inputs and the Reynolds number inputs, the 
simulation solved for the other effectiveness values in the heat exchanger regions. The optimized 
values for every plate and frame heat exchanger and working fluid are provided in Tables 4-2 to 
4-5, including the effectiveness values, the number of plates, the pressure drop, the thermal 
conductance (UA),  and the cost based on total heat exchange area.  
Table 4-2: Characteristics of the boiler (power cycle evaporator) for each working 
fluid.  
Boiler R134a R1234ze(E) R152a R245fa R600a 
ε: subcooled  0.703 0.772 0.660 0.792 0.718 
ε: two-phase 0.420 0.454 0.280 0.389 0.307 
ε: superheated 0.406 0.007 0.843 0.345 0.744 
# of Plates 162 168 123 178 127 
ΔP (kPa) 0.8 0.9 0.8 2.7 1.2 
UA (kW K-1) 216 231 149 189 158 
Pin (kPa) 2701 2073 2074 756 1226 
Tsat (°C) 81 82 74 78 76 
CAT (°C) 5 5 11 7 10 




 The optimization routine aimed to increase the amount of superheat at the boiler outlet. 
Increasing the amount of working fluid superheat will increase the enthalpy at the turbine inlet and 
yield a higher turbine power output, as shown in Table 4-2. Raising the turbine power output will 
also increase the input work to the cooling cycle which will increase the cooling duty of the system. 
Table 4-4 shows that the method also sought to reduce the amount of superheat leaving the chiller 
to reduce the amount of heat the cooling cycle condensers need to reject to the seawater, reducing 
their heat exchange area. A majority of the heat duty in the chillers occurs in the two-phase regions, 
which is why those effectiveness are high. In addition, the amount of subcooling leaving the power 
cycle condenser was minimized, as seen in Table 4-3, because extra subcooling would eventually 
have to be overcome in the boiler. Since the heat input was fixed, extra subcooling would reduce 
the inlet enthalpy to the turbine and decrease power output of the ORC. The lower limit of 
effectiveness in this study was chosen to be 0.001. In general, the optimization sought to keep the 
effectiveness values through the condensers low because they were the most expensive 
components due to their titanium material requirements.  
Table 4-3: Characteristics of the power cycle condenser for each working fluid.  
PC Condenser R134a R1234ze(E) R152a R245fa R600a 
ε: subcooled  0.001 0.001 0.001 0.001 0.001 
ε: two-phase 0.174 0.165 0.139 0.122 0.125 
ε: superheated 0.104 0.330 0.482 0.525 0.642 
# of Plates 205 204 141 202 148 
ΔP (kPa) 4.3 4.5 4.3 11.9 5.1 
UA (kW K-1) 202 193 164 144 151 
Pin (kPa) 1076 820 1016 300 599 
Tsat (°C) 43 43 44 45 45 
CAT (°C) 10 12 11 14 13 




 The pressure drop in all of the heat exchangers was small enough that it did not have a 
significant impact on the modeling results, except for the R245fa system. The R245fa heat 
exchangers had a pressure drop that was almost three times as large as the other working fluids. 
This could have been due in part to the pressure drop correlations being inaccurate for R245fa 
because the Hsieh and Kuo correlations were originally designed for R410a. Further, the operating 
pressures throughout the R245fa cycles were considerably lower than the other systems so the 
pressure drops were a larger fraction of the total operating pressure compared to the other systems,  
as seen in Tables 4-2 to 4-5. For example, Table 4-4 shows the inlet pressure to the chiller on the 
R245fa cycle was 68 kPa and the pressure drop through the chiller was 14.87 kPa, which amounts 
to an approximately 21% loss of inlet pressure. Comparatively, the R600a system had a chiller 
inlet pressure of 189 kPa with a pressure drop of 6.86 kPa which amounts to a 4% loss of pressure. 
The high pressure drop in the R245fa system had a large impact on the results. When the pressure 
drop is ignored in the heat exchangers of the R245fa system, the overall system COP increases 
from 0.269 to 0.320. The COP of the vapor compression system shows a large increase from 4.27 
to 5.01 while the thermal efficiency of the ORC has a small improvement from 6.6% to 6.7%. The 
Table 4-4: Characteristics of the chiller (cooling cycle evaporator) for each working 
fluid. 
Chiller R134a R1234ze(E) R152a R245fa R600a 
ε: two-phase 0.802 0.803 0.743 0.798 0.765 
ε: superheated 0.001 0.085 0.001 0.001 0.001 
# of Plates 108 125 63 133 74 
ΔP (kPa) 5.7 6.6 5.4 14.9 6.6 
UA (kW K-1) 251 272 170 172 178 
Pin (kPa) 359 268 318 68 189 
Tsat (°C) 6 6 5 3 5 
CAT (°C) 2 2 2 6 3 




vapor compression cycle shows a larger improvement because the pressure drop was a larger 
fraction of the total operating pressure, as explained above. The payback period of this system 
decreased by 14% when the pressure drop was ignored. The system with R600a saw minimal 
improvements when the pressure drop was ignored through the heat exchangers: overall COP 
increased from 0.305 to 0.317, payback period decreased 3%, the COP of the vapor compression 
cycle increased from 5.00 to 5.17, and the thermal efficiency of the power cycle increased by 0.4%.  
 In general, the power cycle heat exchangers were considerably larger than the cooling cycle 
heat exchangers. From the data presented in Tables 4-2 to 4-5, the average power cycle condenser 
had 180 plates, while the next largest heat exchanger, the power cycle boiler, had 152 plates. The 
boiler had a smaller number of plates and heat transfer area than the power condenser in all 
simulations. The average closest approach temperature (CAT) in the boiler was 7.5°C, while the 
average closest approach temperature in the power cycle condenser was 11.8°C. The boiler also 
had a larger heat duty than the condenser (2 MW vs ~1.8 MW). Intuitively, a lower closest 
approach temperature and larger heat duty would imply a larger heat exchanger, although this was 
not the case found in this work. The power condenser is always larger than the boiler because the 
Table 4-5: Characteristics of the cooling cycle condenser for each working fluid.  
CC Condenser R134a R1234ze(E) R152a R245fa R600a 
ε: subcooled  0.485 0.560 0.460 0.177 0.426 
ε: two-phase 0.074 0.086 0.053 0.053 0.064 
ε: superheated 0.467 0.140 0.576 0.267 0.141 
# of Plates 90 104 49 74 63 
ΔP (kPa) 3.5 4.4 4.0 13.1 5.7 
UA (kW K-1) 89 103 62 59 73 
Pin (kPa) 1126 754 1012 281 567 
Tsat (°C) 43 41 44 43 42 
CAT (°C) 11 10 12 12 11 




two-phase refrigerant heat transfer coefficients were significantly smaller in the condenser 
compared to the boiler. For example, the condensing heat transfer coefficient for R134a was 
calculated to be 857 W m-2 K-1, while the boiling heat transfer coefficient of R134a was 4561 W 
m-2 K-1. Thus, the overall heat transfer coefficient in the two-phase region of the condenser was 
650 W m-2 K-1 compared 1266 W m-2 K-1 for the boiler. This was the driving force behind the size 
differences between the condenser and the boiler on the power cycle.  
 For the cooling cycle heat exchangers, the chiller was larger than the condenser in all 
simulations. The results here are consistent with the discussion above. The chiller had a much 
lower CAT, on average, than the condenser (2.9°C and 11°C, respectively). Although the heat 
transfer coefficients of the cooling cycle heat exchangers had a similar trend to the power cycle, 
the end results were different. Similar to the power cycle heat transfer, the two-phase region in the 
chiller had a refrigerant side heat transfer coefficient of 3336 W m-2 K-1 and the two-phase region 
of the condenser had a heat transfer coefficient of 891 W m-2 K-1. This drove the overall heat 
transfer coefficient of the two-phase region in the chiller higher than the two-phase region in the 
condenser, 1531 W m-2 K-1 compared to 752 W m-2 K-1. Although the chiller heat duty was smaller 
and the heat transfer coefficient was larger than those of the condenser, the disparity in approach 
temperature caused the chiller be a larger heat exchanger. The accuracy of these heat transfer 
coefficient correlations should be considered in future studies. Perhaps correlations designed 
specifically for each working fluid would yield different results. 
 The UA of the heat exchangers does not always follow the pattern of number of plates. This 
is due to differences in overall heat transfer coefficients. For example, R245fa boiler had a total 
UA of 189 kW K-1, while requiring 178 plates, as shown in Table 4-2. The R1234ze(E) boiler had 
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a UA of 231 kW K-1, but required only 168 plates. Thus, the R1234ze(E) boiler had a higher overall 
heat transfer coefficient than the R245fa boiler.  
 The heat exchangers on the R1234ze(E) system were the most expensive, costing a total of 
$210,673 while the R152a heat exchangers were the cheapest at $149,315. The condensers were 
the most expensive heat exchangers on their respective cycles due to the titanium material 
requirements to prevent corrosion from the seawater. The cost multiplier from Thane Brown’s 
Engineering Economics increased the cost of titanium plate and frame heat exchangers by a factor 
of 1.6. If this additional material cost multiplier was removed, the cost of the system is going to 
decrease, which would allow higher heat exchanger effectivenesses to be tolerated throughout the 
cycles. The COP would likely increase as a result of more effective heat exchangers. The effects 
of this cost multiplier will be left to future works. The R245fa boiler was the largest boiler 
throughout these simulations but it was not the most expensive because the operating pressures 
were low. When the operating pressure is above 1600 kPa or 2500 kPa, the cost of the plate heat 
exchanger is increased by 1.23 times or 1.35 times, respectively, according to the Thane Brown 
cost models.  
Table 4-6: Parametric study of each effectiveness input for R134a. The optimized values 











- [years]  - [years]  - [years] 
0.001 1.68  0.001 1.708  0.001 1.68 
0.219 1.704  0.219 1.691  0.219 1.684 
0.485 1.747  0.485 1.68  0.485 1.693 
0.673 1.799  0.673 1.685  0.673 1.705 




 To confirm the optimized results were found, a parametric study of the effectiveness inputs 
for R134a is shown in Table 4-6.  The optimized effectiveness values are highlighted in green. The 
minimum effectiveness in this study was 0.001 and the maximum was 0.9, to help ground the 
system in reality. For the subcooled region of the power cycle condenser, any increase in the 
effectiveness value from 0.001 increased the payback period. Any change from 0.485 for the 
subcooled region of the cooling cycle condenser increased the payback period. Finally, any 
increase from 0.001 for the superheated region of the chiller resulted in a payback period increase.  
 To understand the footprint impact of implementing a TCCS to recover engine coolant 
waste heat, the size of an equivalent shell and tube heat exchanger to reject engine coolant heat 
was determined. The results of this comparison are shown in Figure 4-3. Using the Kern method, 
the length of the shell and tube heat exchanger was calculated to be 5.03 m with a shell diameter 
of 2.5 m. Thus, the footprint of this heat exchanger was 12.6 m2. The footprint of the R134a power 
cycle boiler and condenser combined was 5.7 m2, about half that of the shell and tube which 
demonstrates the advantages of the plate and frame heat exchangers. Removing the shell and tube 
 
Figure 4-3: Footprint comparison of power cycle heat exchangers and shell 
and tube radiator. 
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radiator and replacing it with the TCCS will reduce the overall heat rejection system footprint. A 
representative calculation confirming the results of this analysis is provided in Appendix A.4. 
4.3. Economic Performance 
 The breakdown of the total system cost is provided for each working fluid in Figure 4-4. 
The payback period for each system is denoted in Figure 4-4 as “PP”. On average, the heat 
exchangers make up 74% of the total system cost. The refrigerant charge was the second most 
expensive piece of equipment in the simulations, accounting for about 19% of the average cost. 
The turbo-compression cooling system with R152a had the lowest total system cost of $181,846. 
The heat exchangers on the R152a system were the smallest which has a twofold benefit: the heat 
exchangers are cheaper and the internal volume of the heat exchangers is lower, resulting in a 
lower refrigerant charge. The highest system cost was found to be $310,137 with R245fa. Along 
with the lowest initial investment, the R152a TCCS had the lowest simple payback period of 1.46 
years. The R245fa had the longest simple payback period of 2.78 years. Figure 4-5 shows a simple 
cash flow diagram for the systems examined in this study. The simple cash flow diagram starts in 
 
Figure 4-4: Breakdown of system cost for each working fluid. 
Payback period is denoted as “PP”. 
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the negative region of the plot due to the initial capital investment of the turbo-compression cooling 
system. Since the turbo-compression cooling system saves fuel expenditures each year, the total 
cash saved rises each year and eventually reaches the red dotted line, representing the payback 
period. Over a period of 10 years, the system with R1234ze(E) saves the most money at $1,339,666 
while the R245fa system saves the least amount of money at $805,683. The R1234ze(E) system 
saved the most money over 10 years because it had the highest overall system COP at 0.415, saving 
$164,775 per year. Although the payback period of the R1234ze(E) system was the second highest, 
the high COP more than makes up for the high initial investment over a 10 year period. The R134a 
system saved $1,234,886 over 10 year, which was the second best performance found amongst 
these fluids.  The R1234ze(E) system provided the greatest reduction in carbon dioxide emissions 
at 981,856 kg per year, while R245fa provide the lowest reduction in carbon dioxide emissions of 
664,889 kg per year. 
 
Figure 4-5: Simple cash flow after implementation of the 
TCCS over a 10 year period. 
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 Figure 4-6 shows the results from the DCFROR analysis. The payback period optimized 
R152a TCCS had the lowest cost per kWh of cooling capacity at $0.0060 per kWh, while the 
optimized R245fa system had the highest cost at $0.0118 per kWh of cooling. The vapor 
compression system and diesel genset had a cost of $0.030 per kWh of cooling, about 4 times the 
average cost of cooling for the payback period optimized turbo-compression cooling systems. The 
turbo-compression cooling system with R134a optimized to have the maximum thermodynamic 
COP provided cooling at $0.029 per kWh. When the cost of the diesel generator was not included 
with the vapor compression chiller, the system could provide cooling at a rate of $0.028 per kWh. 
On the vapor compression systems, the operating costs account for 96% of the cost of cooling 
energy because fuel cost is very high compared to the equipment cost. As presented above, the 
results of the simple payback period study and the discounted cash flow rate of return analysis 
 
Figure 4-6: The cost per kWh of cooling capacity calculated from the discounted 




were consistent. The R152a system had the lowest simple payback period and the lowest cost per 
kWh of cooling energy. 
 In addition, a sensitivity study was performed to determine which inputs had the greatest 
impact on the minimum selling price of cooling energy. The results of the sensitivity analysis are 
shown in Figure 4-7. Each input was changed by ±10% and the change in cooling energy cost was 
noted. Changes in the cooling capacity had the largest impact on the cost of cooling energy: 
reducing the cooling capacity by 10%  increased the cost of cooling energy by 11%, while 
increasing the cooling capacity reduced the cost of cooling energy by 9%. The cooling capacity 
had a different trend when compared to the other inputs. When all other variables are unchanged, 
reducing he cooling capacity by 10% will increase the cost per kWh of cooling provided. In 
contrast, reducing the capex by 10% and leaving other variables unchanged, results in a lower cost 
 
Figure 4-7: Sensitivity analysis on the minimum cost per kWh of cooling from the 
discounted cash flow rate of return study.  
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per kWh of cooling. Changing the initial equipment cost (capex) had the second greatest impact 
on the minimum cost of cooling.  
 The R152a TCCS had the lowest cost per kWh of cooling because it had the lowest initial 
capital investment ($181,846) and comparable performance to other systems (COP of 0.31 
compared to average COP of 0.34). Since the operating expenses of the TCCS were set to be 3% 
of the initial capital expenditure, the operating costs of the R152a TCCS were also the lowest 
among all fluids. Another benefit of a smaller capital investment is that the R152a system required 
the smallest loan ($72,738, compared to the average of $100,558) and paid the least amount of 
interest on that loan compared to the other systems. The low initial investment provides three 
distinct benefits based on the inputs to this analysis. Although the R1234ze(E) had the best 
thermodynamic performance (and saved the most money in a 10 year, simplified cash flow 
analysis), the initial capital investment of $384,084 was too high for the thermodynamic 
performance to overcome.  
  In general, the COPs found in this work were lower than most other thermally activated 
cooling systems, as shown in the literature review of this document. The two primary causes for 
the low COPs found in this work are the heat sink temperatures and the goal of the optimization 
routine.  The medium temperature heat sink in this modeling was 32°C seawater pumped from the 
ocean through condensing plate frame heat exchangers. The temperature of the seawater was a 
conservative choice based on typical operating locations for marine cargo vessels to demonstrate 
the viability of this heat activated cooling system in the most extreme locations. Typical vessels 
spend 97% of their operating lifetime in waters colder than 32°C. The COP of the TCCS will 




 The goal of the optimization in this work was to find the point where the TCCS would have 
the minimum payback period. The minimum payback period doesn’t necessarily equate to the 
system with the highest COP. There are significant costs associated with improving the COP of 
the system. As a representative example, a simulation of a turbo-compression cooling system with 
R134a aimed to optimize the coefficient of performance will be compared to the payback period 
optimized system with R134a. The T-s diagrams for the performance optimized system are 
provided in Figure 4-8.  As shown in Figure 4-8a, the high COP optimization routine increased the 
refrigerant superheat at the boiler outlet, increasing the inlet enthalpy to the turbine. In addition, 
the effectiveness of the two-phase and superheated regions of the power cycle condenser increased 
the pressure ratio of the turbine. These two factors increased the amount of power output from the 
turbine which increased the thermal efficiency of the ORC. On the cooling cycle (4-8b), the high 
COP system had a lower compression ratio which decreased the compressor work input to the 
 
      (a)                      (b) 
Figure 4-8: Temperature-entropy diagrams for the (a) power cycle and (b) cooling cycle of a 
turbo-compression cooling system with working fluid R134a optimized to have a higher COP 




system. In addition, the amount of subcooled at the condenser outlet was increased to shift the 
isenthalpic expansion further to the left on the T-s diagram. Shifting the isenthalpic expansion 
decreased the vapor quality at the chiller inlet, which increases the available enthalpy of 
vaporization that can be used for chilling the water stream. The decrease in compression ratio and 
decrease of inlet vapor quality improved the COP of the vapor compression cycle. Increasing the 
ORC thermal efficiency and cooling cycle COP improved the overall system COP.  
 The COP of the high efficiency case was 0.528 while the COP for the economic system 
was 0.384. Increasing the COP from 0.384 to 0.528 increased the annual savings by $61,931 per 
year. The total cost of the performance optimized system was $1.48 million compared to $249,254 
for the payback period optimized system, equating to a 5.9 times increase in initial capital 
expenditures. The total costs for each system are compared in Figure 4-9. Over a period of 10 
years, the payback period optimized system saved $610,320 more than the performance optimized 
 
Figure 4-9: Comparison of total system cost for the TCCS with 
R134a designed for energy efficiency and the system designed to 
have a minimum payback period. The high COP TCCS is 4.4 
times more expensive than the low payback period system. 
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system. The high efficiency system is obviously not the most economically efficient choice from 
the data presented here, emphasizing the point that the work in the literature is insufficient because 
it is too focused on the technical performance of these waste heat recovery systems. 
 The refrigerant charge had the most dramatic increase in cost when optimizing for COP 
instead of payback period, from $24,787 (10% of total system cost) to $497,286 (34% of total 
system cost). The refrigerant charge increased so dramatically because the total area of the heat 
exchangers increased from 863 m2 to 15494 m2. As the heat exchanger area increases, the amount 
of refrigerant to fill those heat exchangers also increases. The accuracy of the heat exchanger 
charge calculations were accurate to within 3% compared to quotes received from manufacturers. 
The total cost of the heat exchangers increased from $203,155 (82% of total system cost) to 
$959,952 (65% of the total system cost). The heat exchangers accounted for a smaller fraction of 
the total system cost because the refrigerant charge became a larger portion of the cost. The 
performance optimized condenser was 9.1 times more expensive on the cooling cycle and 4.2 times 
more expensive on the power cycle. A comparison of the heat exchangers is provided in Table 4-
7. To achieve a higher COP, the input effectiveness values were changed until the COP reached 
the maximum value. The effectiveness in superheated region of the chiller had the highest change 
from the payback period to the performance optimized system, from 0.001 to 0.75. The increase 
in superheated chiller effectiveness increases the cooling duty of the cycle from 775 kW to 1067 
kW. The COP of the cooling cycle increased from 5.06 to 6.29. In addition, the effectiveness of 
the superheated region of the boiler increased from 0.406 to 0.9173 which increased the 
temperature at the turbine inlet. Higher turbine inlet temperature increased the power output of the 
turbine and improved the thermal efficiency of the ORC from 8.1% to 8.9%.  
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 The number of plates for each heat exchanger greatly increased due to the large increase in 
heat transfer area. It is unrealistic to have more than 400 plates on a plate and frame heat exchanger. 
Instead of adding more plates, a larger plate would be used to keep the total number of plates a 
realistic number. In this work, the same plate size was used for all heat exchangers for simplicity. 
This caused the pressure drops through the larger heat exchangers to be unreasonably small. 
Assuming the flow is well distributed through the plates, having more plates will decrease the 
amount of mass flow in each plate. Since the two-phase region on each plate dominates the 
pressure drop through the heat exchangers, decreasing mass flow rate per plate will significantly 
lower pressure drop through the heat exchangers. A large number of plates will also decrease the 
Table 4-7: Comparison of the heat exchangers on a turbo-compression cooling 
system designed to have a minimum payback period and a high COP. R134a was the 
working fluid for both cases.  
 Boiler 
 Chiller 









R134a - PP R134a - COP 
ε: subcooled  0.703 0.7091 - - 
ε: two-phase 0.42 0.485 0.8016 0.92 
ε: superheated 0.406 0.9173 0.001 0.75 
# of Plates 162 888 108 996 
ΔP (kPa) 0.77 0.16 5.66 3 
UA (kW K-1) 216 296 251 549 
Inlet Pressure 
(kPa) 
2701 2791 359 370 
Cost $53,527 $134,579 $31,668 $106,078 
 
 PC Condenser 
 CC Condenser 
R134a - PP R134a - COP 
 
R134a - PP R134a - COP 
ε: subcooled 0.001 0.001 0.485 0.9 
ε: two-phase 0.174 0.25 0.07398 0.19 
ε: superheated 0.104 0.4845 0.4672 0.6348 
# of Plates 205 2901 90 5264 
ΔP (kPa) 4.26 0.857 3.5 0.183 
UA (kW K-1) 202 309 89 203 
Inlet Pressure 
(kPa) 
1076 985 1126 956 




heat transfer coefficient for the same reason: lowering the mass flow rate will hinder heat transfer 
performance. A more realistic estimate of heat exchanger size and total system cost can be found 
if larger plates were used on the boiler and condenser. Larger plates will also affect the pressure 
drop and heat transfer coefficients.  
4.4. Sensitivity Analysis 
 A sensitivity analysis was performed in conjunction with the payback period optimization 
of the five different turbo-compression cooling systems. The sensitivity analysis determined which 
heat exchanger effectiveness had the largest impact on the payback period. For this analysis, the 
Reynolds number in the superheated regions of the heat exchangers was not set so the sensitivity 
of more heat exchanger effectivenesses could be examined. Three effectiveness values on the 
power cycle were studied: the two-phase region of the boiler, the two-phase region of the 
 
Figure 4-10: Change in payback period as a function of 
changing heat exchanger effectiveness in the designated 
regions by 0.1. The three effectiveness regions with the greatest 
impact on payback period are shown. 
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condenser, and the subcooled region of the condenser. On the cooling cycle, four effectiveness 
values were examined: the two-phase region of the chiller, the superheated region of the chiller, 
the subcooled region of the condenser, and the two-phase region of the condenser. The 
effectiveness values were changed one at a time by 0.1 and the change in payback period was 
noted for each working fluid.  
 The results of the sensitivity study are shown in Figure 4-10 where the three most impactful 
heat exchanger effectiveness values are shown for each working fluid. “CC” and “PC” represent 
cooling cycle and power cycle, respectively. “E” and “C” represent the evaporator or condenser 
while “tp”, “sc”, or “sh” represent the two-phase region, the subcooled region, or the superheated 
region in the heat exchangers. As an example, CC Etp represents the effectiveness value in the two- 
phase region of the cooling cycle evaporator. In all simulations except for R600a, the two-phase 
region of the condensers on the power and cooling cycles had the largest impact on payback period. 
The average change in payback period was 2.18 years for the power cycle condenser and 1.82 
years for the cooling cycle condenser when the effectiveness values in the two-phase regions were 
changed by 0.1. This result makes sense because the condensers were the largest and most 
expensive heat exchangers due to the titanium material requirements, heat duties, and approach 
temperatures. The two-phase region was the most impactful of the regions in the condenser 
because most of the heat is exchanged in this region. Since the condenser saturation pressure is set 
by the effectiveness value, changes in effectiveness of the condensers will impact the pressure 
ratio of the power and cooling cycles. As shown previously, the pressure ratio of each cycle has a 
large impact on the performance, which is why the systems were so sensitive to condenser 
effectiveness. The working fluids with the lowest enthalpies of vaporization at the boiler saturation 
pressure, R134a and R1234ze(E), were most sensitive to the power cycle condenser effectiveness. 
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Since these fluids had a lower ifg, they were more sensitive than the other fluids to changes in the 
power cycle pressure ratio.  
 The R600a system was more sensitive to the two-phase region of the boiler than the power 
cycle condenser because of the shape of the saturated liquid and vapor line on the P-h diagram at 
high pressures. As shown in purple on Figure 4-2, the slope of the saturated liquid for R600a above 
103 kPa is very low. Small changes in the effectiveness of the two-phase region of the boiler will 
greatly change the enthalpy of vaporization for the R600a system. As shown previously, the 
enthalpy of vaporization has a large impact on the power output of the turbine and thus the overall 
system performance. 
 The two-phase region of the chiller had an extremely small impact on the payback period 
of the system. Averaged over the five working fluids, changing the effectiveness of the chiller two-
phase region changed the payback period by 0.052 years. The model was even less sensitive to the 
superheated region of the chiller: an average change of 0.01 years was found for a change of 0.1.  
Changes to the chiller did not have as large of an impact on the payback period because the chiller 
was the least costly heat exchanger in the system. If the cost of the condensers was not multiplied 
by 1.6 for using titanium plates, the model may be more sensitive to changes in the chiller 
effectiveness values because their costs would be more comparable.  
 The results of the sensitivity analysis were relatively consistent across the working fluids, 
except the R245fa system. Throughout all of the simulations, the R245fa condensers had the 
largest impact on the payback period. The resulting change in payback period from altering the 
power and cooling cycle condenser effectiveness values was 3.42 years and 4.54 years (compared 
to the averages of 2.18 and 1.82), respectively. The working fluid R245fa has a low slope of the 
saturated liquid line on the P-h diagram above 102 kPa, which means that very slight increases in 
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condenser pressure can greatly increase the quality at the inlet of the chiller (shifting the vertical 
line of throttling to the right on a T-s diagram). Shifting the throttling line to the right will decrease 
the cooling capacity of the evaporating heat exchanger on the cooling cycle, lowering the cooling 
cycle COP and overall system COP. The R245fa system was also the most sensitive of the fluids 
to changes in the subcooled effectiveness of the power condenser. The change in payback period 
was 0.313 years, where the average change for the other four fluids was 0.064 years. This comes 
about for similar reasons to the cooling condenser. Small changes in the effectiveness will have 
change the saturation pressure which will have a significant impact due to the slope of the saturated 
liquid line of R245fa. As a result, the turbine pressure ratio will change which has a strong impact 
on the thermal efficiency of the power cycle. In addition, the R245fa system was very sensitive 
the pressure drop of the heat exchangers, as explained in the pressure drop discussion in Section 
4.2. Thus, very small changes in the effectiveness of the condenser will affect the saturation 
pressure in the condenser and have a profound impact of the cooling capacity and COP of the 
R245fa turbo-compression cooling system.  
 
Figure 4-11: Comparison of actual plate heat exchanger costs with the cost model from Brown. 
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4.5. Model Validation 
  Model validation was performed using quotes received from distributors of plate heat 
exchangers at this scale. Quotes were acquired for a 1630 kW condenser with titanium plates, a 
415 kW condenser with stainless steel plates, and two evaporators with stainless steel plates with 
capacities of 400 kW and 228 kW. As shown in Figure 4-11, the cost model from Brown 
underpredicted the cost of the 1.63 MW titanium plate condensing heat exchanger by 73% while 
overpredicting the cost of the 415 kW stainless steel condenser by 68%. The Brown cost model 
predicted cost within 22% for both quotes of the stainless steel evaporating heat exchangers. 
 To account for the inaccuracy of the cost model, the cost of the titanium heat exchangers 
was increased to match the quote and the minimum cost of cooling energy was calculated for the 
R134a payback period optimized system. The results of the updated discounted cash flow rate of 
 
Figure 4-12: Comparison of the internal volume calculations in this work 
and the internal volume provided from distributor quotes.  
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return study are shown in Figure 4-12. The cost of the titanium heat exchangers was multiplied by 
3.66 times to match the quote received from the distributors. After increasing the cost, the cost per 
kWh of cooling for the R134a system increased from $0.0066 per kWh to $0.015 per kWh. Despite 
the cost increase, the price of cooling energy from the TCCS was still 2 times cheaper than cooling 
energy from the vapor compression chiller. In addition, the internal charge calculations from this 
work were validated against the plate heat exchanger quotes received from distributors as shown 
in Figure 4-13. From the distributor quote, the internal volume of one side of the titanium 
condensing heat exchanger was given as 1.689 m3 with 238 plates. Thus, the volume of each 
channel of the quoted heat exchanger was 0.014 m3. The volume per channel from the quote was 
multiplied by the number of channels for the heat exchangers simulated in this work. This value is 
assumed to be the ‘true’ or actual value of the heat exchanger volume.  The present work 
overpredicted the internal volume of the heat exchangers by about 10%. Since the error was 
 
Figure 4-13: Cost of cooling energy for TCCS with more accurate titanium 
plate heat exchanger cost model. 
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constant across the simulations, the 10% error is likely a systematic error where a small change in 









 The current study sought to understand the technoeconomic performance of a thermally 
activated cooling system designed to recover waste heat in a large marine diesel engine-generator 
set (genset). Large refrigerated cargo ships use a significant part of the genset power output to 
provide cooling for cargo. Utilizing the waste heat from the gensets to produce cooling can 
improve the efficiency of their power generating systems beyond 40% thermal efficiency, which 
is considered state of the art, and reduce fuel consumption to save money and reduce emissions. 
Waste heat is available in the engine coolant and the exhaust gas. This work focused on the 
recovery of waste heat in the engine coolant due to favorable heat transfer characteristics and ease 
of implementation. 
 The thermally activated cooling system used for this study was a turbo-compression 
cooling system which is an organic Rankine cycle directly coupled to a vapor compression 
refrigeration cycle. The turbine on the ORC and the compressor on the vapor compression cycle 
were both centrifugal machines which shared the same shaft to directly couple the power transfer. 
A detailed thermodynamic, heat exchanger, and economic model was developed to study the 
technical and economic performance of the system for five different working fluids. In the 
thermodynamic analysis, the heat exchangers were divided into regions based on the working fluid 
phase (subcooled, two-phase, or superheated) while a Cordier analysis was performed on the 
turbomachinery to calculate size and speed of the device. Heat transfer and pressure drop 
correlations from the literature were used to calculate the size and pressure loss through the heat 
exchangers on the power and cooling cycles. All of the major components were accounted for in 
the economic modeling: heat exchangers, turbomachine, refrigerant charge, power cycle pump, 
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and piping. The simple payback period of the system was calculated based on the initial capital 
expenditures and the fuel savings per year. In addition, a discounted cash flow rate of return 
analysis was performed to find the cost per kWh of cooling provided by the turbo-compression 
cooling system. Then, the system was optimized by varying the effectiveness values in the heat 
exchangers until the minimum payback period was found. This procedure was completed for all 
five working fluids: R134a, R1234ze(E), R152a, R245fa, and R600a. 
 The turbo-compression cooling system with working fluid R152a had the lowest simple 
payback period of 1.46 years. This system had a cooling capacity of 626 kW with a COP of 0.31 
and saved $181,846 per year by reducing fuel consumption. The R245fa had the longest payback 
period at 2.78 years with the lowest cooling capacity and COP at 539 kW and 0.27, respectively.  
The system with R152a provided cooling at $0.006 per kWh of capacity, which was the lowest in 
this study and 4 times less than the cost of providing cooling with a vapor compression system. 
The system with R1234ze(E) saved the most money over a 10 year operational lifetime at 
$1,329,666 while the R245fa system saved the least money over 10 years at $805,683. R1234ze(E) 
system reduced the emission of CO2 by 981,856  kg per year. Due to the flammable nature of 
R152a and R600a, the best fluid to use in this shipboard application would be R1234ze(E) or 
R134a. R134a has slightly better technoeconomic performance than R1234ze(E), but R1234ze(E) 
has a 100 year global warming potential of 6 compared to 1430 with R134a. The system with 
R1234ze(E) will pay out the most money over a 10 year period while eliminating concerns of 
flammability and environmental hazards. In addition, R1234ze(E) has a turbo-compressor size and 





5.1. Recommendations for Future Work 
 There are a few items should be investigated further. The key parts of the future work for 
this study are as follows: 
 Different working fluids should be studied on each side of the cycle. In this work, 
it was assumed the power and cooling cycles used the same working fluid for 
simplicity. In future work, different fluids should be used on each cycle to 
simultaneously maximize the thermal efficiency of the ORC and the COP of the 
vapor compression refrigeration cycle. The size and speed of the turbocompressor 
must match on the power and cooling cycles when using different fluids. For 
example, if R600a was used on the cooling cycle and R134a was used on the power 
cycle, the overall COP of the system could improve.  
 More advanced configurations of the power and cooling cycles should be 
investigated. State of the art organic Rankine cycles have an internal recuperator to 
transfer heat from the turbine outlet to the pump outlet. This pre-heats the fluid 
before it enters the boiler which will improve the performance of the cycle. In 
addition, a suction line heat exchanger should be implemented on the cooling cycle 
to transfer heat from the condenser outlet to the evaporator outlet. This will improve 
the performance of the cooling cycle and lower the risk of forming liquid in the 
compressor. In some special cases, a cross cycle heat exchanger may be warranted 
to heat the fluid leaving the recuperator (before the boiler inlet) using the fluid that 
is exiting the compressor on the cooling cycle. This could further improve 
performance of the turbo-compression cooling system. 
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 Investigating different waste heat scenarios and ambient conditions will be 
important to confirm the performance of this system. Different waste heat scenarios 
could include gas turbine or diesel engine exhaust which would quantify the 
importance of waste heat temperature, phase, and flow rate. In addition, examining 
different ambient conditions is critical to better understand how the condensing 
temperature will affect the performance of the turbo-compression cooling system. 
This is an essential step towards commercialization of the turbo-compression 
cooling system.  
 Predicting the off-design performance of a specific design point turbo-compression 
cooling system will provide valuable knowledge that will assist in bringing this 
technology to the market. Detailed performance maps of the turbine and 
compressor would have to be generated. In addition, the heat exchanger geometry 
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APPENDIX A. Representative Calculation for TCCS with R134a 
 
 
 A representative calculation of the power cycle will be given below to verify the accuracy 
of the solver. Engineering Equation Solver iterates to find the solution to the set of coupled 
thermodynamic, heat transfer, and economic equations detailed in the above sections. The 
calculation represents a turbo-compression cooling system with R134a as the working fluid where 
the system is optimized to have the lowest possible simple payback period for use onboard a large 
cargo ship. Figure A-1 shows the turbo-compression cooling system with the state points for the 
power and cooling cycles labeled, while Table A-1 provides the optimized heat exchanger 
effectiveness values. Table A-2 shows the values for temperature, enthalpy, pressure, and entropy 








































Table A-1: The optimized effectiveness values for each heat 
exchanger region for the R134a design point. 
Cycle Heat Exchanger Effectiveness 
Power 
Cycle 
Boiler: Subcooled 0.703 
Boiler: Two-phase 0.420 
Boiler: Superheated 0.406 
Condenser: Superheated 0.104 
Condenser: Two-phase 0.174 
Condenser: Subcooled 0.001 
Cooling 
Cycle 
Chiller: Two-phase 0.802 
Chiller: Superheated 0.001 
Condenser: Superheated 0.467 
Condenser: Two-phase 0.074 





Table A-2: State points for payback period optimized turbo-compression cooling system with R134a. 
R134a 
Cooling Cycle Power Cycle 
Temperature Enthalpy Pressure Entropy Temperature Enthalpy Pressure Entropy 
°C kJ kg-1 kPa 
kJ kg-1 
K-1 
°C kJ kg-1 kPa 
kJ kg-1 
K-1 
1 5.3 253.5 353 0.9288 84.7 287.4 2699 0.907 
2 52.1 283.0 1097 0.9471 43.1 273.3 1077 0.9181 
3 52.1 283.0 1096 0.9472 43.1 273.3 1076 0.9182 
4 42.8 272.5 1096 0.9143 42.1 272.2 1076 0.9146 
5 42.7 112.3 1092 0.4074 42.0 111.2 1072 0.4041 
6 37.4 104.4 1092 0.3824 42.0 111.2 1072 0.4041 
7 37.4 104.4 1091 0.3824 41.9 111.2 1071 0.4041 
8 5.8 104.4 360 0.393 43.4 113.0 2702 0.4052 
9 5.8 104.4 359 0.393 43.4 113.0 2701 0.4052 
10 5.3 253.5 354 0.9286 81.2 176.5 2701 0.5941 
11 5.3 253.5 354 0.9286 81.2 280.4 2700 0.8875 
12 - - - 0.9286 84.7 287.4 2700 0.907 
 
 
Table A-2: State points for payback period optimized turbo-compression cooling system with R134a. 
R134a 
Cooling Cycle Power Cycle 
Temperature Enthalpy Pressure Entropy Temperature Enthalpy Pressure Entropy 
°C kJ kg-1 kPa 
kJ kg-1 
K-1 
°C kJ kg-1 kPa 
kJ kg-1 
K-1 
1 5.3 253.5 353 0.9288 84.7 287.4 2699 0.907 
2 52.1 283.0 1097 0.9471 43.1 273.3 1077 0.9181 
3 52.1 283.0 1096 0.9472 43.1 273.3 1076 0.9182 
4 42.8 272.5 1096 0.9143 42.1 272.2 1076 0.9146 
5 42.7 112.3 1092 0.4074 42.0 111.2 1072 0.4041 
6 37.4 104.4 1092 0.3824 42.0 111.2 1072 0.4041 
7 37.4 104.4 1091 0.3824 41.9 111.2 1071 0.4041 
8 5.8 104.4 360 0.393 43.4 113.0 2702 0.4052 
9 5.8 104.4 359 0.393 43.4 113.0 2701 0.4052 
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A.1. Thermodynamic Cycle Calculation 
 Beginning with the turbine (state points 1 and 2), the turbine work and isentropic efficiency 
will be confirmed using the enthalpy difference (isentropic and actual) and the mass flow rate, as 
shown in Equation (A.1) and (A.2): 



















  (A.2) 
Moving to state points 3 and 4, the heat duty of the superheated region of the condenser will be 
confirmed in Equations (A.3) through (A.5): 
    pc,cond,sh r 3 4 11.47 273.297 272.174 12.88 [kW]Q m i i       (A.3) 
    pc,cond,sh sw sw sw,3 sw,4 250 4.183 33.778 33.766 12.55 [kW]Q m c T T        (A.4) 
     pc,cond,sh sh min 3 sw,4 0.1042 13.35108 43.1 33.765 12.99 [kW]Q C T T       (A.5) 
The minor differences in the results of Equations (A.3) through (A.5) result from simple rounding 
errors. Cmin in Equation (A.5) was the heat capacity rate of the refrigerant side of the heat 
exchanger. The two-phase region of the condenser occurs from state points 4 to 5. The heat duty 
of the two-phase region of the condenser will be confirmed in Equations (A.6) through (A.8): 
    pc,cond,tp r 4 5 11.47 272.2 111.2 1847 [kW]Q m i i       (A.6) 
     pc,cond,tp sw sw sw,4 sw,5 250 4.183 33.766 32 1847 [kW]Q m c T T       (A.7) 
     pc,cond,tp tp sw 4 sw,5 0.1744 1046 42.12 32 1846 [kW]Q C T T       (A.8) 
In Equation (A.8), the specific heat capacity rate of the seawater was taken to be the minimum 
because the refrigerant is two-phase through this region. When the refrigerant is two-phase, it can 
absorb an ‘infinite’ amount of heat without rising in temperature, meaning that the specific heat is 
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infinite. Therefore, the seawater side must have the minimum specific heat capacity rate and the 
ratio of heat capacity rates, Cratio, is zero. From state points 5 to 6, the working fluid is in the 
subcooled region of the condenser. The subcooled region of the condenser is modeled in Equations 
(A.9) through (A.11): 
    pc,cond,sc r 5 6 11.47 111.225 111.210 0.172 [kW]Q m i i       (A.9) 
     pc,cond,sc sw sw sw,5 sw,6 250 4.183 32.0001652 32 0.173 [kW]Q m c T T       (A.10) 
     pc,cond,sc sc min 5 sw,6 0.001 17.32 41.98 32 0.173 [kW]Q C T T       (A.11) 
The total heat duty of the power cycle condenser is represented in Equation (A.12): 
 pc,cond pc,cond,sc pc,cond,tp pc,cond,sh 1861 [kW]Q Q Q Q      (A.12) 
The next step in the cycle is pressurizing the subcooled working fluid through the pump, state 
points 7-8. The work and isentropic efficiency of the pump will be confirmed in Equation (A.13) 
and (A.14): 














  (A.14) 
After pumping, the subcooled working fluid enters the boiler and is heated up to a saturated liquid 
represented by state points 9 to 10. The heat duty of the subcooled region of the boiler is given in 
Equations (A.15) through (A.17): 
    pc,boiler,sc r 10 9 11.47 176.46 112.994 727.96 [kW]Q m i i       (A.15) 
 
    pc,boiler,sc b b b,10 b,9 78.50 4.200 86.1456322 83.9377077
727.95 [kW]
Q m c T T   





    pc,boiler,sc min b,10 9 0.7032 24.20 86.1456322 43.369
727.95 [kW]
Q C T T   

  (A.17) 
In Equation (A.17), Cmin was the specific heat capacity rate of the refrigerant side. From state point 
10 to 11, the working fluid is undergoing a phase change from saturated liquid to a saturated vapor. 
The heat duty in the two-phase region is defined in Equations (A.18) - (A.20): 
    pc,boiler,tp r 11 10 11.47 280.4 176.5 1192 [kW]Q m i i       (A.18) 
     pc,boiler,tp b b b,11 b,10 78.50 4.204 89.76 86.15 1191 [kW]Q m c T T       (A.19) 
     pc,boiler,tp b,11 10 0.4202 329.9 89.76 81.16 1192 [kW]bQ C T T       (A.20) 
The last region of the boiler, state points 11 to 12, heats the working fluid from a saturated vapor 
to the superheated region of the vapor dome. The heat duty of the superheated region of the boiler 
is confirmed in Equations (A.21) through (A.23): 
    pc,boiler,sh r 12 11 11.47 287.359 280.427 79.51 [kW]Q m i i       (A.21) 
     pc,boiler,sh b b b,12 b,11 78.50 4.204 90 89.7590921 79.50 [kW]Q m c T T       (A.22) 
     pc,boiler,sh min b,12 11 0.4061 22.12 90 81.15 79.50 [kW]Q C T T       (A.23) 
The total heat duty of the boiler is then calculated in Equation (A.24): 
 boiler pc,boiler,sc pc,boiler,tp pc,boiler,sh 728 1192 79.5 2000 [kW]Q Q Q Q         (A.24) 
The representative calculation of the thermodynamic analysis of the organic Rankine power cycle 
is now complete. The thermodynamic modeling was completed in the same way for the vapor 
compression cycle. 
 The vapor compression cycle representative calculation will begin with the compression 
of the working fluid to a high pressure. Equations (A.25) and (A.26) will confirm the work and 
isentropic efficiency of the compressor:  
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  (A.26) 
The high pressure refrigerant is sent to the condenser. The heat duty of the superheated region of 
the condenser  was confirmed with Equations (A.27) through (A.29): 
  
    cc,cond,sh cc,r 3 4 5.198 282.975 272.457 54.67 [kW]Q m i i       (A.27) 
 
    cc,cond,sh sw sw sw,3 sw,4 250 4.183 33.8873360 33.8350596
54.67 [kW]
Q m c T T   

  (A.28) 
     pc,cond,sh sh min 3 sw,4 0.46472 6.084 52.07 32.8350596 54.38 [kW]Q C T T      
 (A.29) 
The two-phase region of the condenser will be confirmed with Equations (A.30) through (A.32): 
    cc,cond,tp r 4 5 5.198 272.457 112.285 832.6 [kW]Q m i i       (A.30) 
 
    cc,cond,tp sw sw sw,4 sw,5 250 4.183 32.8350596 32.0389948
832.5 [kW]
Q m c T T   

  (A.31) 
 
    cc,cond,tp tp sw 4 sw,5 0.07398 1046 42.7995279 32.0389948
832.7 [kW]
Q C T T   

  (A.32) 
The subcooled region of the condenser is confirmed using Equations (A.33) through (A.35):  
    cc,cond,sc r 5 6 5.198 112.285 104.439 40.78 [kW]Q m i i       (A.33) 
 
    cc,cond,sc sw sw sw,5 sw,6 250 4.183 32.0389948 32
40.78 [kW]
Q m c T T   

  (A.34) 
     cc,cond,sc sc min 5 sw,6 0.485 7.873 42.6802533 32 40.78 [kW]Q C T T       (A.35) 
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The cooling duty of the condenser is then confirmed in Equation (A.36): 
 cc,cond cc,cond,sh cc,cond,tp cc,cond,sc 54.67 832.7 40.78 928 [kW]Q Q Q Q         (A.36) 
The subcooled working fluid expands through the isenthalpic expansion valve and enters the 
evaporator as a two-phase mixture. The cooling duty of the two-phase region in the evaporator 
will be confirmed in Equations (A.37) through (A.39): 
    chiller,tp cc,r 10 9 5.198 253.515 104.439 774.9 [kW]Q m i i       (A.37) 
     chiller,tp cw cw cw,9 cw,10 37.02 4.186 12 7.00005223 774.8 [kW]Q m c T T       (A.38) 
     chiller,tp cw cw,9 9 0.8016 154.96572 12 81.16 774.8 [kW]Q C T T       (A.39) 
The cooling duty of the superheated region of the chiller will be confirmed in Equations (A.40) 
through (A.42): 
    chiller,sh cc,r 11 10 5.198 253.517 253.515 0.01 [kW]Q m i i       (A.40) 
     chiller,sh cw cw cw,10 cw,11 37.02 4.194 7.00005223-7 0.01 [kW]Q m c T T      (A.41) 
 
    chiller,sh min b,10 10 0.001 4.793 7.00005223 5.30824592
0.01 [kW]
Q C T T   

  (A.42) 
The heat duty of the chiller is then confirmed in Equation (A.43): 
 chiller chiller,tp chiller,sh 774.8 0.01 774.9 [kW]Q Q Q       (A.43) 
The confirmation of the cooling cycle calculations is now complete. 
 The next step of the modeling effort was to calculate the size and speed of the centrifugal 
turbocompressor. In this representative calculation, the first step was to set the specific speed, 
Nsturb, of the turbine to 115 ft
3/4 lbm3/4 min-1 s-1/2 lbf -3/4. After this, the actual speed of the turbine 














     (A.44) 
The adiabatic head, Had,turb in this equation has units of ft lbf lbm
-1, while the volumetric flow rate, 
V̇turb, is in ft
3 s-1. By convention, the volumetric flow rate is calculated at the outlet of the turbine 
where the density of the working fluid is lower than the inlet. Since the turbine and compressor 
are mechanically coupled, the compressor will also spin at 27,887 rpm. After this, the specific 
diameter of the turbine was calculated using the Cordier diagram provided by Barber-Nichols, Inc. 
The equation of line that borders the upper limit of the 80% efficiency island was used to relate 




1/4 1/2 1/4 1/4turb
turb
115





        
  
  (A.45) 
With the specific diameter calculated, the actual diameter of the turbine was calculated according 
to Equation (A.46): 
 










      (A.46) 
The specific speed of the compressor was calculated using the actual speed of the machine, as 
shown in Equation (A.47): 
 
   









       (A.47) 
The calculated specific speed of 108.7 ft3/4 lbm3/4 min-1 s -1/2 lbf -3/4 falls within the range of the 80% 
efficiency island. The next step is to calculate the specific diameter of the compressor from the 
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equation of the line that defines the top of the 80% efficiency island. The specific diameter is 
calculated in Equation (A.48): 
 
0.3802 0.3802
comp 1/4 1/2 1/4 1/4
comp
108.7





         
  
  (A.48) 
From the specific diameter, the actual diameter of the compressor can be calculated, as shown in 
Equation (A.49): 
 










      (A.49) 
The thermodynamics block of the simulation for a liquid coupled turbo-compression cooling 
system is now complete. The next step was to determine the size of the plate frame heat 
exchangers. 
A.2. Heat Exchanger Calculations 
 A representative calculation will be given below for the each heat exchanger to demonstrate 
the solving method for the heat transfer coefficients, pressure drops, and total heat exchange area.  
These geometry values were taken from a quote for a two megawatt plate frame heat exchanger.  
 The power cycle boiler is a counter flow device. In the first region of the power cycle 
boiler, the working fluid is a subcooled liquid. The first step is to determine the overall heat transfer 
coefficient of this region. The heat transfer coefficient of the working fluid, the engine coolant, 
and the wall resistance were determined to find the overall heat transfer coefficient. The heat 
transfer coefficient of the working fluid was calculated using the Thonon correlation, as shown in 
Equation (A.50): 
 





0.2998 0.2998 1574 3.171 8.248







  (A.50) 
146 
 
The heat transfer coefficient of the boiler water is calculated using the Dittus-Boelter correlation 
as shown in Equation (A.51): 
 
     




0.023 0.023 4893 2.154 73.43







  (A.51) 
The wall resistance of the plates is calculated according to Equation (A.52): 
 









      (A.52) 





1 1 1 1 1




           (A.53) 
The next step is to calculate the number of transfer units (NTU) for the subcooled region which 






1 1 1 0.703 1
ln ln 1.243





   
            
  (A.54) 
The total area of the subcooled region of the boiler can be found using Equation (A.55), which 
relates area to heat transfer coefficient and number of transfer units: 
 









     (A.55) 
The pressure drop of the subcooled region of the boiler was the sum of the inlet header pressure 
drop, the pressure drop from the fluid traveling from inlet header to channels, and the pressure 




















   
 
 
   
 
  (A.56) 
The pressure drop from the header to the working fluid channels was calculated according to 
Equation (A.57): 
 








      (A.57) 
The length of each region on the plates was calculated with Equation (A.58): 
 












  (A.58) 








2 919.3 0.02948 0.3798






      (A.59) 
The total pressure drop in the subcooled region of the boiler is then calculated in                         
Equation (A.60): 
 E1 header tee,in channel 1.815 0.9878 13.1 15.9 [Pa]P P P P             (A.60) 
 In the second region of the boiler, the working fluid is changing phase from a saturated 
liquid to a saturated vapor. Similar to the subcooled region, the first step was to calculate the 
overall heat transfer coefficient. After that, the number of transfer units was calculated. Finally, 
the overall heat transfer coefficient and number of transfer units are related to the total heat transfer 
area. The Hsieh correlation was used to determine the heat transfer coefficient of the boiling 
refrigerant, as shown in Equation (A.61): 
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     0.50.5 -2 -1r,E2 r,l 88 887.7 88 0.003409 4561 [W m K ]h h Bo      (A.61) 
To calculate the engine coolant heat transfer coefficient, the Dittus-Boelter correlation was used 
as shown in Equation (A.62): 







0.023 5024 2.095 73.56







  (A.62) 
The wall resistance was found to be the same value as Equation (A.52). Thus, the overall heat 





1 1 1 1 1




          (A.63) 
After this, the number of transfer units required for the two-phase region of the boiler was 
calculated according to Equation (A.64): 
    pc,E2 ln 1 ln 1 0.4202 0.5451NTU          (A.64) 
The area of the two-phase region of the boiler was calculated using Equation (A.65): 
 









     (A.65) 
The pressure drop in the two-phase region was calculated using the Hsieh friction factor. The Hsieh 
friction factor was determined in Equation (A.66): 
  
1.251.25
tp,boil eq61000 61000 4680 1.576f Re
     (A.66) 
The length of the two-phase region of the boiler plates was calculated with Equation (A.67): 
 












  (A.67) 




   2 2tp tp
boil
mean h,channel






      (A.68) 
 In the third region of the heat exchanger, the working fluid is a superheated vapor. To 
calculate the area required in this region, the overall heat transfer and the number of transfer units 
were calculated. The heat transfer coefficient of the superheated vapor was calculated using the 
Thonon Correlation, as shown in Equation (A.69): 
    
0.645 1/30.645 1/3 -2 -1
r,E3 plate
hyd




     (A.69) 
As discussed in the heat exchanger modeling section, the Reynolds number in this region was set 
to 15,000 which is the upper limit of the Thonon correlation. If the Reynolds number was not set, 
it often exceeded 15,000 which was unrealistic based on the other heat exchanger calculations and 
a survey of available literature. The heat transfer coefficient of the boiler water in this region was 
determined by the Dittus-Boelter correlation, shown in Equation (A.70): 
      
0.8 0.30.8 0.3 -2 -1l
w,E3 plate
hyd




    
 (A.70) 
The wall resistance was calculated to be the same as Equation (A.52). Thus, the overall heat 





1 1 1 1 1




           (A.71) 






1 1 1 0.4061 1
ln ln 0.5300





   
            
  (A.72) 
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Thus, the area of the superheated region was calculated in Equation (A.73): 
 









     (A.73) 
The pressure drop in the superheated region of the boiler was modeled as the sum of the outlet 
header pressure drop, the pressure drop from the channels to the header, and the pressure drop of 
the superheated vapor flowing through the plate channels. The pressure drop of the outlet header 

















   
 
 
   
 
  (A.74) 
The pressure drop from the working fluid leaving the channels and entering the header is calculated 













     
 
  (A.75) 
The length of the superheated region in the boiler is calculated with Equation (A.76): 
 












  (A.76) 
The pressure drop of the superheated vapor flowing through the plate channels was calculated with 
Equation (A.77): 
  





2 161 0.1683 0.185






      (A.77) 
The total pressure drop in the superheated vapor region is then calculated in Equation (A.78): 
 E3 header tee,out channel 10.17 6.598 24.7 41.4 [Pa]P P P P             (A.78) 
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The overall pressure drop through the power cycle boiler is calculated with Equation (A.79): 
 E E1 E2 E3 15.9 710.2 41.4 768 [Pa] 0.768 [kPa]P P P P            (A.79) 
The total area of the power cycle boiler is then calculated with Equation (A.80): 
 
2
total,boiler sc tp sh 71.5 142.1 34.9 248.5 [m ]A A A A         (A.80) 











        (A.81) 
 The power cycle condenser representative calculation will be demonstrated next. The heat 
transfer coefficient of the superheated refrigerant in the power cycle condenser is calculated in 
Equation (A.82): 
 





0.2998 0.2998 15000 0.9121 1.821






  (A.82) 
The water side heat transfer coefficient was calculated with Equation (A.83): 
      
0.8 0.40.8 0.4 -2 -1l
w,C1 plate
hyd




    (A.83) 





1 1 1 1 1




          (A.84) 





1 1 1 0.1035 1
ln ln 0.1093





   
            
  (A.85) 













     (A.86) 
The pressure drop in the superheated region of the condenser was the sum of the inlet header 
pressure drop, the pressure drop from the channels to the header, and the pressure drop of the 
superheated vapor flowing through the plate channels. The pressure drop of the outlet header was 

















   
 
 
   
 
  (A.87) 
The pressure drop from the working fluid leaving header and entering the channels is calculated 













     
 
  (A.88) 
The length of the superheated region in the condenser is calculated with Equation (A.76): 
 












  (A.89) 
The pressure drop of the superheated vapor flowing through the plate channels was calculated with 
Equation (A.77): 
  





2 53.22 0.402 0.025






      (A.90) 
The total pressure drop in the superheated vapor region of the power cycle condenser is then 
calculated in Equation (A.78): 
 C1 header tee,out channel 30.5 10.64 6.4 47.54 [Pa] 0.048 [kPa]P P P P              (A.91) 
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 In the next region of the condenser, the working fluid is a two-phase mixture. The heat 
transfer coefficient was calculated using the Kuo correlation for condensing refrigerants in plate 
heat exchangers, as shown in Equation (A.92): 
 
 0.45 0.25 0.75r,cond r,l l
-2 -1
0.25 75 655 0.24981 1.06
857.9 [W m  K ]
h h Co Fr Bo     

  (A.92) 
The water side heat transfer coefficient was calculated with Equation (A.93): 
      
0.8 0.40.8 0.4 -2 -1l
w,C2 plate
hyd




    
 (A.93) 





1 1 1 1 1




          (A.94) 
The NTU of the two-phase region is then defined in Equation (A.95): 
    pc,C2 ln 1 ln 1 0.1744 0.1916NTU          (A.95) 
The area of the two-phase condenser heat region is calculated with Equation (A.96): 
 










     (A.96) 
The pressure drop of this region will be calculated next. The Kuo Friction factor for this region is 
calculated with Equation (A.97): 
   1.14 0.085 5tp,cond 21500 21500 9.30 10 1.621 3.24eqf Re Bo        (A.97) 
The length of the two-phase region was calculated with Equation (A.98): 
 












  (A.98) 

















    
 
 
  (A.99) 
In the third region of the condenser, the working fluid is a subcooled liquid. The heat transfer 
coefficient of the working fluid is calculated with Equation (A.100): 
 





0.2998 0.2998 1221 3.178 8.3304






  (A.100) 
The water side heat transfer coefficient was calculated with Equation(A.101): 
      
0.8 0.40.8 0.4 -2 -1l
w,C3 plate
hyd




    
 (A.101) 





1 1 1 1 1




          (A.102) 





1 1 1 0.001 1
ln ln 0.001





   
            
  (A.103) 
The area of this region is computed in Equation (A.104): 
 









     (A.104) 
The pressure drop in the subcooled region of the condenser was modeled as the sum of the outlet 
header pressure drop, the pressure drop from the channels to the header, and the pressure drop of 
the subcooled vapor flowing through the plate channels. The pressure drop of the outlet header 



















   
 
 
   
 
  (A.105) 
The pressure drop from the working fluid leaving the channels and entering the header is calculated 













     
 
  (A.106) 
The length of the subcooled region in the condenser is calculated with Equation (A.76): 
 










   

  (A.107) 




















  (A.108) 
The total pressure drop in the subcooled region of the power cycle condenser is then calculated in 
Equation (A.78): 
 
C3 header tee,out channel 1.48 0.583 0.004
2.1 [Pa] 0.0021 [kPa]
P P P P         
 
  (A.109) 
The overall pressure drop through the power cycle condenser is calculated with Equation (A.79): 
 C C1 C2 C3 48.04 4183 2.1 4233 [Pa] 4.23 [kPa]P P P P            (A.110) 
The total area of the power cycle condenser is then calculated with Equation (A.80): 
 
2
total,C sh tp sc 6.15 308 0.055 314.2 [m ]A A A A         (A.111) 













        (A.112) 
 The cooling cycle evaporating heat exchanger will be presented next. The working fluid 
enters the chiller as a two-phase mixture. The heat transfer coefficient of the refrigerant side is 
calculated with the Hsieh boiling heat transfer correlation, as shown in Equation (A.113): 
     0.50.5 -2 -1cc,r,E1 r,l 88 649.3 88 0.003409 3336 [W m K ]h h Bo      (A.113) 
The heat transfer coefficient of the water was calculated with the Thonon correlation because the 
Reynolds number was less than 1000, defined in Equation (A.114): 
 





0.2998 0.2998 954 9.048 63.71






  (A.114) 





1 1 1 1 1




          (A.115) 
The number of transfer units for the two-phase region of the chiller was then calculated with 
Equation (A.116): 
    cc,E1 ln 1 ln 1 0.8016 1.617NTU          (A.116) 
The total area of the two-phase chiller is calculated in Equation (A.117): 
 









     (A.117) 
The pressure drop of the two-phase region in the chiller was modeled as the sum of the inlet header 
pressure drop, the pressure drop from the header to the channels, and the pressure drop from the 
two-phase mixture flowing through the plate channels. The homogeneous method was used to 
calculate the density and viscosity, as shown in Equation (A.118) and (A.119): 
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       -3hom v l1 0.2307 17.59 0.7693 1275 985 [kg m ]x x          (A.118) 
 
     5 4hom v l
4 -1 -1
1 0.2307 1.12 10 0.7693 2.47 10
1.93 10 [kg m s ]
x x    

      
 
  (A.119) 
The pressure drop in the header was calculated with Equation (A.120): 






















  (A.120) 















     
 
 
  (A.121) 
The Hsieh friction factor was calculated with Equation (A.122), the length of the two-phase region 
was calculated with Equation (A.123), and then the pressure drop from the two-phase mixture 
flowing through the plates was calculated with Equation (A.124): 
  
1.251.25
tp,boil eq61000 61000 4918 1.481f Re
     (A.122) 
 












  (A.123) 
 
   2 2tp tp
boil
mean h,channel
2 2 1.481 18.62 1.308
34.2 0.008966






  (A.124) 
The total pressure drop of the two-phase region is then calculated in Equation (A.125): 
 
CC,E1 header tee channel 1.375 1223 4381
5605 [Pa] 5.605 [kPa]
P P P P         
 
  (A.125) 
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 The heat transfer coefficient of the refrigerant side of the superheated region of the chiller 
is calculated with Equation (A.126): 
 





0.2998 0.2998 15000 0.8135 1.40754






  (A.126) 
The heat transfer coefficient of the water side was calculated with Equation (A.127): 
 





0.2998 0.2998 825 10.66 62.6






  (A.127) 





1 1 1 1 1




          (A.128) 
The number of transfer units for the superheated region of the chiller is calculated with Equation 
(A.129): 
 
    2
cc,E2






    
    

  (A.129) 
Then, the area of the superheated chiller region was calculated using Equation (A.130): 
 









     (A.130) 
The pressure drop through the superheated region of the chiller is the sum of the outlet header 
pressure drop, the pressure drop from the flow leaving the plate channels and entering the outlet 
header, and the pressure drop from the flow through the plates. The outlet header pressure drop is 



















   
 
 
   
 
  (A.131) 













     
 
  (A.132) 
The length of the superheated region is calculated in Equation (A.133) and the pressure drop from 
the flow through the channels is calculated in Equation (A.134): 
 










   

  (A.133) 
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  (A.134) 
The total pressure drop for the superheated region is calculated in Equation (A.135) 
 CC,E2 header tee channel 19.3 28.54 0.122 48 [Pa] 0.048 [kPa]P P P P              (A.135) 
Thus, the total pressure drop, area, and number of plates for the chiller are calculated in Equations 
(A.136) through (A.138): 
 CC,E CC,E1 CC,E2 5.605 0.048 5.65 [kPa]P P P          (A.136) 
 
2











        (A.138) 
 The calculations for the cooling cycle condenser will be presented next. The working fluid 
enters as a superheated vapor, becomes two-phase as it rejects heat to the seawater, and exits as a 
subcooled liquid.  
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 The heat transfer coefficient of superheated working fluid is calculated in Equation    
(A.139): 
 





0.2998 0.2998 15000 0.9749 1.944






  (A.139) 
The seawater side heat transfer coefficient was calculated with Equation (A.140): 
 
     




0.023 0.023 12475 5.275 67.6






  (A.140) 





1 1 1 1 1




          (A.141) 





1 1 1 0.4672 1
ln ln 0.631





   
            
  (A.142) 
The total area of the superheated region of the condenser is calculated with Equation (A.143): 
 









     (A.143) 
The pressure drop in the superheated region of the condenser was modeled as the sum of the inlet 
header pressure drop, the pressure drop from the channels to the header, and the pressure drop of 
the superheated vapor flowing through the plate channels. The pressure drop of the outlet header 

















   
 
 
   
 
  (A.144) 
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The pressure drop from the working fluid leaving the header and entering the channels is calculated 













     
 
  (A.145) 
The length of the superheated region in the condenser is calculated with Equation (A.146): 
 












  (A.146) 
The pressure drop of the superheated vapor flowing through the plate channels was calculated with 
Equation (A.147): 
  





2 54.25 0.412 0.137






      (A.147) 
The total pressure drop in the superheated vapor region of the cooling cycle condenser is then 
calculated in Equation (A.148): 
 C1 header tee,out channel 6.15 11.4 36.92 54.5 [Pa] 0.0545 [kPa]P P P P             
 (A.148) 
 In the next region of the condenser, the working fluid is a two-phase mixture. The heat 
transfer coefficient was calculated using the Kuo correlation for condensing refrigerants in plate 
heat exchangers, as shown in Equation (A.149): 
  0.45 0.25 0.75 -2 -1r,cond r,l l0.25 75 679 0.2532 1.058 890.4 [W m  K ]h h Co Fr Bo
        
 (A.149) 
The water side heat transfer coefficient was calculated with Equation (A.150): 
      
0.8 0.40.8 0.4 -2 -1l
w,C2 plate
hyd













1 1 1 1 1




          (A.151) 
The NTU of the two-phase region is then defined in Equation (A.152): 
    cc,C2 ln 1 ln 1 0.07398 0.0769NTU          (A.152) 
The area of the two-phase condenser heat region is calculated with Equation (A.153): 
 










     (A.153) 
The pressure drop of this region will be calculated next. The Kuo Friction factor for this region is 
calculated with Equation (A.154): 
   1.14 0.085 5tp,cond eq21500 21500 8.85 10 1.621 3.084f Re Bo        (A.154) 
The length of the two-phase region was calculated with Equation (A.155): 
 












  (A.155) 















    
 
 
  (A.156) 
In the third region of the condenser, the working fluid is a subcooled liquid. The heat transfer 
coefficient of the working fluid is calculated with Equation (A.157): 
 





0.2998 0.2998 1204 3.206 8.5925






  (A.157) 
The water side heat transfer coefficient was calculated with Equation (A.158): 
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      
0.8 0.40.8 0.4 -2 -1l
w,C3 plate
hyd




    
 (A.158) 





1 1 1 1 1




          (A.159) 





1 1 1 0.485 1
ln ln 0.666





   
            
  (A.160) 
The area of this region is computed in Equation (A.161): 
 









     (A.161) 
The pressure drop in the subcooled region of the condenser was modeled as the sum of the outlet 
header pressure drop, the pressure drop from the channels to the header, and the pressure drop of 
the subcooled liquid flowing through the plate channels. The pressure drop of the outlet header 

















   
 
 
   
 
  (A.162) 
The pressure drop from the working fluid leaving the channels and entering the header is calculated 













     
 
  (A.163) 
















  (A.164) 



















  (A.165) 
The total pressure drop in the subcooled region of the cooling cycle condenser is then calculated 
in Equation (A.166): 
 
C3 header tee,out channel 0.239 0.637 2.9
3.78 [Pa] 0.00378 [kPa]
P P P P         
 
  (A.166) 
The overall pressure drop through the cooling cycle condenser is calculated with Equation   
(A.167): 
 C C1 C2 C3 54.5 3388 3.78 3446 [Pa] 3.446 [kPa]P P P P            (A.167) 
The total area of the cooling cycle condenser is then calculated with Equation (A.168): 
 
2
total,C sh tp sc 14.24 106.9 15.31 136.5 [m ]A A A A         (A.168) 











        (A.169) 
A.3. Economic Model and Payback Period 
 After calculating the total heat exchange area, pressure drop, and number of plates for all 
the heat exchangers, the economic block of the model begins. The cost of the power cycle boiler, 





     
0.54 2016





475 2646 1 1.35 1 $53,239
460
CEPCI




  (A.170) 
 
     
0.54 2016





475 3382 1.6 1 1 $72,039
460
CEPCI




  (A.171) 
 
     
0.54 2016





475 1762 1 1 1 $31,663
460
CEPCI




  (A.172) 
 
     
0.54 2016





475 1469 1.6 1 1 $45,926
460
CEPCI




  (A.173) 
 The amount of refrigerant in each heat exchanger was calculated based on the internal 
volume. The refrigerant charge was calculated for the inlet and outlet headers and in each region: 
subcooled, two-phase, and superheated.  
 The power cycle boiler charge calculations will be presented first. The charge in the inlet 
header was calculated using Equation (A.174) and the charge in the outlet header was calculated 











   
      
   











   
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   
  (A.175) 
The charge in the subcooled plates of the boiler was calculated in Equation (A.176):  
        sc liquid sc sc plate 919.4 71.20 0.0045 294.6 [kg]m V A s       (A.176) 
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The charge in the two-phase plates of the boiler was calculated in Equation (A.177): 
 
    
   
liquid vapor
tp ave tp tp plate
2
540.2 139.9 0.0045 340.1 [kg]






  (A.177) 
The charge in the superheated region of the boiler was calculated in Equation (A.178): 
        sh vapor sh sh plate 161 34.74 0.0045 25.17 [kg]m V A s       (A.178) 
The total charge in the boiler is then calculated in Equation (A.179): 
 
boiler sc tp sh header,i header,o 747 [kg]m m m m m m        (A.179) 
From supplier quotes, the cost per kilogram of R134a was found to be $11 kg-1. Thus, the cost of 
the refrigerant charge in the boiler is calculated in Equation (A.180): 
  ref,boiler boiler ref, spec 747 11 $8,217cost m cost     (A.180) 
 The power cycle condenser charge calculations will be presented next. The charge in the 
inlet header was calculated using Equation (A.181) and the charge in the outlet header was 
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   
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  (A.182) 
The charge in the superheated plates of the condenser was calculated in Equation (A.183):  
        sh vapor sh sh plate 53.22 6.11 0.0045 1.5 [kg]m V A s       (A.183) 
The charge in the two-phase plates of the condenser was calculated in Equation      (A.184): 
         liquid vaportp ave tp tp plate 595.75 308 0.0045 826 [kg]
2




      (A.184) 
The charge in the subcooled region of the condenser was calculated in Equation (A.185): 
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        sc liquid sc sc plate 1138 0.055 0.0045 0.282 [kg]m V A s       (A.185) 
The total charge in the condenser is then calculated in Equation (A.186): 
 
pc,cond sh tp sc header,i header,o 948 [kg]m m m m m m        (A.186) 
The total cost of the refrigerant in the condenser is then Equation (A.187): 
  ref,pc,cond pc,cond ref, spec 948 11 $10,428cost m cost     (A.187) 
 The evaporator on the cooling cycle was two-phase at the inlet header and superheated at 
the outlet header. The mass of refrigerant in the inlet and outlet headers was calculated according 
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   
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   
  (A.189) 
The term ρave is equal to Equation (A.190): 
  ave =0.2307 =10.5 45.1x x       (A.190) 
The charge in the two-phase region of the plate channels in the chiller was calculated in Equation 
(A.191): 
         tp ave tp ave tp plate 45.1 163.7 0.0045 33.2 [kg]m V A s       (A.191) 
The charge in the superheated vapor region of the channels was calculated in Equation (A.192): 
        sh vapor sh sh plate 17.32 0.0264 0.0045 0.002 [kg]m V A s       (A.192) 
Then, the total mass of refrigerant in the chiller is calculated with Equation (A.193): 
 chiller sh tp header,i header,o 36.5 [kg]m m m m m       (A.193) 
The total cost of the refrigerant in the chiller is then calculated in Equation (A.194): 
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  ref,chiller chiller ref, spec 36.5 11 $402cost m cost     (A.194) 
 The refrigerant charge calculations in the cooling condenser will be presented next. The 
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  (A.196) 
The charge in the superheated vapor region is calculated as Equation (A.197): 
        sh vapor sh sh plate 54.25 14.24 0.0045 3.48 [kg]m V A s       (A.197) 
The charge in the two-phase region was calculated with Equation (A.198): 
         liquid vaportp ave tp tp plate 594.3 106.9 0.0045 286 [kg]
2




      (A.198) 
The charge in the subcooled region was calculated with Equation (A.199): 
        sc liquid sc sc plate 1135 15.31 0.0045 78.2 [kg]m V A s       (A.199) 
The total charge in the cooling condenser is then calculated with Equation (A.200): 
 cc,cond sh tp sc header,i header,o 420.2 [kg]m m m m m m        (A.200) 
Thus, the total cost of refrigerant in the cooling condenser is calculating using Equation (A.201): 
  ref,cc,cond cc,cond ref,spec 420.20 11 $4622cost m cost     (A.201) 
Based on the diameter, length, and working fluid phase in the piping in this system, the total charge 
was calculated to be 26 kg, yielding a cost of $286. The total cost of refrigerant in this system is 
then shown in Equation (A.202): 
 ref ref,HX ref,pipe $23,937cost cost cost     (A.202) 
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 The cost of the pump, turbocompressor, and piping will be presented next. The cost of the 
pump is calculated according to Equation (A.203): 








     (A.203) 
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  (A.204) 
The cost of the piping depends on the length, diameter, and number of fittings. The total cost of 
piping in the system was calculated to be $5,164. Thus, the total system cost was calculated in 
Equation (A.205): 
 total HX pump TC piping refrigerant +  +  +  + $247,819Cost cost cost cost cost cost    (A.205) 
 After finding the total system cost, the payback period can be determined. The first step to 
determining the payback period is to calculate how much power the turbo-compression cooling 
system would displace from the vapor compression chillers onboard the cargo ship. Equation 
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  (A.206) 
The amount of power displaced is divided by the efficiency of the power transfer from diesel 
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After this, the engine power is divided by the thermal efficiency of the diesel engine to determine 











     (A.208) 
The required mass flow rate of fuel to deliver this heat input is calculated by dividing the heat 













  (A.209) 
The mass flow rate was converted to a yearly mass flow to understand how much fuel would be 
used per year. After this, the yearly mass flow rate was multiplied by the specific cost of the fuel 
to determine the annual cost savings from implementing a turbo-compression cooling system, as 
shown in Equation (A.210): 
  savings fuel MGO 278147 0.5335 $148,392 per yearcost m cost     (A.210) 









     (A.211) 
Table A-3 shows the cost of each major component in the turbo-compression cooling system with 
R134a.  
 This concludes the representative calculation for the liquid coupled turbo-compression 
cooling system applied to a cargo ship using R134a as the working fluid. The results from the 







Table A-3: Cost for each component in the 
optimized design point with R134a. Cost per kWth 
is based on the cooling duty of the chiller. 
Component Cost Cost per kWth 
Boiler $53,239 $68.71 
Chiller $31,663 $40.87 
Condenser - CC $45,926 $59.27 
Condenser - PC $72,039 $92.98 
Piping $5,164 $6.66 




Turbocompressor $8,479 $10.94 






Table A-4: Comparison of results between the representative 
calculation and the EES simulation.  
Values Hand Result EES Result Unit 
Ẇturbine 162 161 kW 
Qpc,cond 1861 1859 kW 
Qpc,boiler 2000 2000 kW 
Ẇpump 21 21 kW 
Qcc,cond 928 928 kW 
Qcc,chiller 775 775 kW 
Ẇcomp 153 153 kW 
N 27887 27887 rpm 
Dsturb 1.30 1.30 
lbf1/4 s1/2 
lbm-1/4 ft-1/4 
Nscomp 108.7 108.7 
ft3/4 lbm3/4 
min-1 s -1/2 
lbf -3/4 
Dscomp 1.56 1.56 
lbf1/4 s1/2 
lbm-1/4 ft-1/4 
Aboiler 248.5 248.3 m
2 
Apc,cond 314.2 314.4 m
2 
Achiller 163.7 163.7 m
2 
Acc,cond 136.5 136.4 m
2 
ΔPboiler 0.768 0.769 kPa 
ΔPpc,cond 4.23 4.27 kPa 
ΔPchiller 5.65 5.66 kPa 
ΔPcc,cond 3.45 3.50 kPa 
costtotal 247,819 249,248 dollars 




A.4. Kern Method for Shell and Tube Heat Exchanger Design 
 The results from the shell and tube heat exchanger sizing model will be confirmed in this 
section. The tube side heat transfer coefficient for the seawater was calculated using the Dittus-
Boelter correlation for a fluid being heated, as shown in Equation: 
 
   0.8 0.4tube tube
h,tube
-2
0.023 0.023 18687 1.65 8.27
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 

  (A.212) 
The pressure drop of the tube side was calculated using Equation (A.213): 
 
   2 tube
tube
i,tube
2 0.0037 995 5.26 5.0292
0.07326







  (A.213) 










    (A.214) 
where C1 is defined as the outer diameter of the tube subtracted from the tube pitch. Then, the 
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    (A.217) 
Finally, the heat transfer coefficient of the shell side can be calcualated with Equation (A.218): 
 
   0.55 1/3shell shell
h,shell
-2 -1
0.36 0.36 483.1 1.26 7.5551
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  (A.218) 
Then, the pressure drop of the shell side flow is calculated with Equation (A.219): 
 






1 0.0492 74310.8 2.5 10
4 2
2 965.3 0.08753
2164 [Pa]= 2.2 [kPa]






  (A.219) 







1257.3 [W m K ]R
U h h
      (A.220) 




Table A-5: Comparison of results between the representative 
calculation and the EES simulation.  
Values Hand Result EES Result Unit 
htube 6916 6918 W m
-2 K-1 
hshell 1656 1654 W m
-2 K-1 
ΔPtube 2.7 2.6 kPa 
ΔPshell 2.2 2.2 kPa 




APPENDIX B. Thermodynamic State Points for Turbo-




 The following section provides the thermodynamic state points for each turbo-compression 






Table B-1: State points for payback period optimized turbo-compression cooling system with R134a. 
R134a 
Cooling Cycle Power Cycle 
Temperature Enthalpy Pressure Entropy Temperature Enthalpy Pressure Entropy 
°C kJ kg-1 kPa 
kJ kg-1 
K-1 
°C kJ kg-1 kPa 
kJ kg-1 
K-1 
1 5.3 253.5 353 0.9288 84.7 287.4 2699 0.907 
2 52.1 283.0 1097 0.9471 43.1 273.3 1077 0.9181 
3 52.1 283.0 1096 0.9472 43.1 273.3 1076 0.9182 
4 42.8 272.5 1096 0.9143 42.1 272.2 1076 0.9146 
5 42.7 112.3 1092 0.4074 42.0 111.2 1072 0.4041 
6 37.4 104.4 1092 0.3824 42.0 111.2 1072 0.4041 
7 37.4 104.4 1091 0.3824 41.9 111.2 1071 0.4041 
8 5.8 104.4 360 0.393 43.4 113.0 2702 0.4052 
9 5.8 104.4 359 0.393 43.4 113.0 2701 0.4052 
10 5.3 253.5 354 0.9286 81.2 176.5 2701 0.5941 
11 5.3 253.5 354 0.9286 81.2 280.4 2700 0.8875 






Table B-2: State points for payback period optimized turbo-compression cooling system with R245fa.  
R245fa 
Cooling Cycle Power Cycle 
Temperature Enthalpy Pressure Entropy Temperature Enthalpy Pressure Entropy 
°C kJ kg-1 kPa 
kJ kg-1 
K-1 
°C kJ kg-1 kPa 
kJ kg-1 
K-1 
1 0.5 404.9 53.4 1.750 82.2 465.3 752.4 1.792 
2 47.7 440.5 281.8 1.772 59.1 451.6 300.5 1.803 
3 47.6 440.5 280.8 1.772 59.1 451.6 299.5 1.803 
4 43.6 436.4 280.8 1.759 45.6 437.8 299.4 1.760 
5 42.1 255.5 267.7 1.188 44.4 258.5 287.6 1.198 
6 40.3 253.0 267.7 1.180 44.3 258.5 287.6 1.198 
7 40.3 253.0 266.7 1.180 44.3 258.5 286.6 1.198 
8 6.1 253.0 69.3 1.190 44.6 259.0 757.2 1.198 
9 5.7 253.0 68.3 1.190 44.6 259.0 756.2 1.198 
10 0.6 404.9 54.4 1.748 78.2 306.6 756.1 1.340 
11 0.6 404.9 54.4 1.749 78.1 460.4 753.5 1.778 






Table B-3: State points for payback period optimized turbo-compression cooling system with R1234ze(E).  
R1234ze(E) 
Cooling Cycle Power Cycle 
Temperature Enthalpy Pressure Entropy Temperature Enthalpy Pressure Entropy 
°C kJ kg-1 kPa 
kJ kg-1 
K-1 
°C kJ kg-1 kPa kJ kg-1 K-1 
1 5.0 387.8 260.9 1.675 81.5 429.2 2071.0 1.685 
2 41.9 412.7 755.5 1.691 46.2 415.8 821.3 1.696 
3 41.9 412.7 754.5 1.691 46.1 415.8 820.3 1.696 
4 42.5 411.3 754.5 1.686 42.5 411.3 820.2 1.681 
5 39.2 254.5 750.2 1.185 42.3 259.0 815.8 1.199 
6 35.1 248.6 750.2 1.166 42.3 259.0 815.8 1.199 
7 35.1 248.6 749.2 1.166 42.2 259.0 814.8 1.199 
8 5.9 248.6 269.4 1.174 43.3 260.4 2074.0 1.200 
9 5.8 248.6 268.4 1.174 43.3 260.4 2073.0 1.200 
10 5.1 387.6 261.9 1.674 81.5 320.9 2073.0 1.380 
11 5.3 387.8 261.9 1.674 81.5 427.7 2072.0 1.681 






Table B-4: State points for payback period optimized turbo-compression cooling system with R152a.  
R152a 
Cooling Cycle Power Cycle 
Temperature Enthalpy Pressure Entropy Temperature Enthalpy Pressure Entropy 
°C kJ kg-1 kPa 
kJ kg-1 
K-1 
°C kJ kg-1 kPa kJ kg-1 K-1 
1 4.7 509.8 311.7 2.115 87.5 567.7 2072.0 2.099 
2 61.9 558.7 1013.0 2.145 54.8 548.5 1017.0 2.114 
3 61.9 558.7 1012.0 2.145 54.8 548.5 1016.0 2.114 
4 44.0 532.9 1012.0 2.066 44.2 533.0 1016.0 2.066 
5 43.9 279.1 1008.0 1.265 44.0 279.4 1011.0 1.266 
6 38.4 268.6 1008.0 1.232 44.0 279.3 1011.0 1.266 
7 38.4 268.6 1007.0 1.232 44.0 279.3 1010.0 1.266 
8 5.4 268.6 319.1 1.247 44.9 280.9 2075.0 1.267 
9 5.3 268.6 318.1 1.247 44.9 280.9 2074.0 1.267 
10 4.8 509.8 312.7 2.115 74.3 341.2 2074.0 1.448 
11 4.8 509.8 312.7 2.115 74.3 542.9 2074.0 2.029 






Table B-5: State points for payback period optimized turbo-compression cooling system with R600a.  
R600a 
Cooling Cycle Power Cycle 
Temperature Enthalpy Pressure Entropy Temperature Enthalpy Pressure Entropy 
°C kJ kg-1 kPa 
kJ kg-1 
K-1 
°C kJ kg-1 kPa kJ kg-1 K-1 
1 4.4 561.0 181.8 2.301 86.3 678.0 1224.0 2.431 
2 44.1 614.9 567.7 2.335 64.6 654.2 600.3 2.449 
3 44.1 614.9 566.7 2.336 64.6 654.2 599.3 2.449 
4 42.5 611.7 566.6 2.326 44.7 614.6 599.2 2.328 
5 42.1 302.5 561.0 1.346 44.4 308.2 594.2 1.364 
6 37.8 291.4 561.0 1.311 44.3 308.2 594.2 1.364 
7 37.8 291.4 560.0 1.311 44.3 308.2 593.2 1.364 
8 5.6 291.4 190.4 1.328 44.9 309.7 1227.0 1.365 
9 5.5 291.4 189.4 1.328 44.9 309.7 1226.0 1.365 
10 4.4 561.0 182.9 2.301 75.7 393.2 1226.0 1.615 
11 4.4 561.0 182.8 2.301 75.6 653.0 1225.0 2.360 
12 - - - - 86.3 678.0 1225.0 2.431 
 
